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SUMMARY
The flow ripple from positive displacement pumps is one of the main sources of fluid- 
borne noise in hydraulic systems. A new experimental method for the measurement of 
the source flow ripple and source impedance characteristics of positive displacement 
pumps, called the ‘Secondary Source’ method, has been developed. Extensive testing on a 
variety of pumps proved that the method is effective and that it has several advantages 
over previous methods, being quick, accurate and versatile. Experimental flow ripple and 
source impedance results are compared with theoretical models. Correlation with and 
deviations from the models are investigated.
The Secondary Source method was also applied to the measurement of the impedance 
characteristics of valves and an accumulator. The accumulator impedance results show 
very good correlation with a simple theoretical model. Discrepancies are observed 
between valve impedance measurements and a simple resistance model. Several causes of 
these discrepancies are isolated, including fluid compressibility and inertia, and valve 
vibration.
A method for the accurate measurement of the speed of sound in the fluid in a pipe is 
described. This was applied as an integral part of the Secondary Source method, and is 
shown to give good results.
Using information obtained from the Secondary Source method, a computer-based 
simulation package was developed for the prediction of the pressure ripple characteristics 
of complete hydraulic circuits. This package is useful for the study of the resonant 
characteristics of circuits, in order that low pressure ripple circuits can be designed. The 
effectiveness of several different methods for the reduction of fluid-borne noise is 
discussed.
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NOTATION
Except where otherwise stated in the text, the following definitions apply. 
SYMBOL DESCRIPTION
A Internal cross-sectional area of pipe
A v Area of orifice
b Gear width
B Bulk modulus
Bef Effective bulk modulus
B j Isentropic tangent bulk modulus of fluid
c ha dependent phase velocity in fluid
c 0 Speed of sound in fluid
CD Discharge coefficient
Cq Flow coefficient
C1-C 4 Model coefficients
C Capacitance
d Pipe-internal diameter
d Mean of pipe internal and external diameters
dH Hydraulic mean diameter
E Young’s modulus of pipe
E Sum of squares error
F Forward travelling pressure wave
G Reverse travelling pressure wave
h Perimeter
Pressure transfer function Pt / P}






N Modal ratio for hose
Reynold’s number
P Pressure ripple (time domain)
P Pressure ripple (frequency domain)
P Mean pressure
x
PB Blocked acoustic pressure
Pi Pressure ripple at position x = l
Px Pressure ripple at position x
P q Pressure ripple at position x  =0
q Flow ripple (time domain)
Q Flow ripple (frequency domain)
Q Mean flow rate
Qk Kinematic flow ripple
Qi Flow ripple at position x —l
Qieakage mean leakage flow rate
*1 max Maximum instantaneous flow rate
Qs Source flow ripple
Qs Source flow ripple referred inside pump
Qx Flow ripple at position x
Qo Flow ripple at position x  =0
r  gear pitch circle radius
R Resistance
R  Steady state resistance of pipe (pressure drop/unit length/unit flow)
ha dependent effective resistance of pipe 
t  Pipe wall thickness
t  Time
U Velocity
v Mean fluid velocity
V  Lumped volume
x  Distance from source
X  Reactance
z  Number of pumping elements
Z Impedance
ZE Entry impedance




Z o Pipe characteristic impedance
a  Wave attenuation coefficient (real part of y )
y  Wave propagation coefficient
y  Ratio of specific heats
AP  Mean pressure difference across component
Ax Distance between pressure transducers
€ Error between experimental point and model
0 Poppet angle relative to axis of symmetry
«, Gear pressure angle
V- Dynamic viscosity
V Poisson’s ratio of pipe wall
V Kinematic viscosity
£ Complex wave profile factor
Pe Entry reflection coefficient
Ps Source reflection coefficient
Pt Termination reflection coefficient
P Density of fluid
Pejf ha dependent effective density
T time delay/advance
phase angle
* rotation of gears
0) Angular frequency
a Shaft angular velocity















note: x  represents the complex conjugate of x  .




In recent years, there has been a growing awareness of the hazards of industrial noise. 
Apart from the general nuisance factor of noise, it can be damaging to health and safety. 
Prolonged exposure to excessive noise levels can lead to premature deafness, and the 
associated structural vibration can be a cause of machine failure due to fatigue or 
components being shaken loose.
Hydraulic circuits often tend to cause severe noise. Much research has been carried out in 
the past in this field. Broadly speaking, in the study of hydraulic system noise, three 
distinct areas can be defined, commonly known as ‘Air-borne noise’ (‘ABN’), 'Structure- 
borne noise’ (‘SBN’) and 'Fluid-borne noise’ ('FBN’). As its name implies. ABN is that 
noise which is propagated through the air and detected by the ear. SBN takes the form of 
mechanical vibration of the circuit components, such as pipes, and also of associated 
components such as panels to which the vibrations can be transmitted. SBN tends to be 
the direct cause of ABN. FBN is perhaps the least tangible type of noise and takes the 
form of pressure fluctuations or 'pressure ripple’ in the fluid. Although it is not directly 
damaging, it is a major cause of SBN. and hence ABN. Furthermore, FBN can be 
propagated great distances along hydraulic pipes. Thus, in a typical factory ring main 
system, noise from the pump can be transm itted via FBN to remote parts of the factory.
Hydraulic system noise can also be important in a number of other areas, notably in 
transport and mobile machinery. For example, automotive power steering systems 
employ simple hydraulic circuits which can cause substantial noise unless great care is 
taken in their design. At the other extreme, hydraulic circuits in submarines can generate 
low frequency noise which can be transm itted great distances through the ocean and be 
detected by hostile surveillance systems.
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The relationships between FBN. SBN and ABN are extremely complex. Transmission 
from fluid-borne to structure-borne noise is dependent upon a large number of factors, 
including the type and spacing of pipe mounts, the number of bends and the lengths of 
pipe and flexible hose. Similarly, the transmission from SBN to ABN depends on a 
number of factors, including the overall acoustic characteristics of the environment in 
which the system is situated. Steps can be taken to reduce the amount of ABN, for 
example by the lagging of pipes and components.
The work presented in this thesis is concentrated on fluid-borne noise. Although FBN is 
by no means the whole story as far as hydraulic system noise is concerned, it is one of 
the fundamental causes of SBN and ABN. Thus any improvements which can be made to 
the FBN characteristics of a system should produce a consequent improvement in the 
SBN and ABN.
The main sources of FBN in a hydraulic system tend to be pumps, motors and valves. 
This thesis is concerned with the FBN produced by positive displacement pumps and, to a 
lesser extent, by motors. Valves can cause FBN through oscillation of spools or poppets, 
or from cavitation. The cavitation characteristics of valves are not considered here but 
this is a broad field which has been covered by other researchers.
Positive displacement pumps tend not to produce an absolutely steady flow rate. Instead, 
the flow consists of a mean flow rate, on which is superimposed a flow ripple. The 
magnitude of the flow ripple is dependent upon the pump type and operating conditions, 
but in general has a peak-to-peak amplitude of between 1% and 50% of the mean flow 
rate. Pump flow ripple tends to have a periodic waveform due to the cyclic nature of a 
pump’s operation, and different classes of pump have different characteristic flow ripple 
waveforms [1-7]. This flow ripple interacts with the characteristics of the connected 
circuit to produce a pressure ripple. A great deal of work has been performed in the past 
concerning the behaviour of the flow ripple and pressure ripple in circuits [8-18], and this 
is closely related to the behaviour of water hammer, and indeed to that of high 
frequency electrical transmission lines [19].
There is a need to produce a simple measure by which the fluid-borne noise 
characteristics of pumps can be compared. A direct measure of the pressure ripple in a 
circuit is, in general, not of much use because it is strongly dependent upon the 
characteristics of the circuit. A large amount of work has been undertaken in the past 
[20-29] in order to devise a means for evaluating a pump FBN rating which is a function 
of the pump alone, and not of the circuit in which the measurements are made. Because 
of the complex pump-circuit interactions it is extremely difficult to measure the source
- 2 -
flow ripple of a pump.
1.2. Objective of Work
The research reported in this thesis was undertaken as part of a broader investigation 
into various aspects of FBN in hydraulic systems at the University of Bath [7-11,25- 
27,30-32].
The principal aim of this project was to advance the understanding of the behaviour of 
fluid-borne noise in hydraulic circuits, and to continue work by Wing [26] on the 
development and refinement of a viable technique for the assessment of the FBN 
characteristics of positive displacement pumps and motors. A further aim was to 
develop means for the mathematical modelling of the FBN characteristics of hydraulic 
circuits of arbitrary complexity. This was to entail the development of mathematical 
models of components such as pumps, valves and hoses, and the validation of these 
models by experimental testing.
1.3. Scope of Thesis
The general theory of wave propagation in fluid lines is outlined in chapter 2. The case of 
a simple hydraulic circuit consisting of a pump, a pipe and a load is examined, and 
standing waves and resonance characteristics are discussed.
Chapter 3 contains a discussion of the problems involved in the rating of the fluid-borne 
noise potential of positive displacement pumps. Several methods proposed by previous 
researchers for the experimental evaluation of such a rating are examined.
Chapter 4 is a description of a new method for the experimental evaluation of the fluid- 
borne noise characteristics of positive displacement pumps. The theoretical basis of the 
method is examined in detail, and a description of the experimental hardware and 
techniques is given.
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Results obtained using the test method proposed in chapter 4 are presented in chapter 5. 
These are compared with theoretical simulations.
An adaptation of the method was applied to the testing of the characteristics of passive 
components such as valves and accumulators, and the experimental results are presented 
in chapter 6 . Again the results are compared with simulations, and the validity of the 
assumptions used in the simulations assessed.
Chapter 7 contains a description of a method for the experimental evaluation of the speed 
of sound in the fluid, from which the effective bulk modulus can be calculated. 
Experimental results are compared with theoretical values.
In chapter 8, a program for the simulation of the fluid-borne noise characteristics of 
hydraulic circuits of arbitrary complexity is described. Simulated results are compared 
w ith experimental pressure measurements in order to check the validity of the 
simulations. The derivation of a comprehensive flexible hose model is described.
Chapter 9 contains a discussion of different methods which are available for the practical 
reduction of fluid-borne noise in order that low-noise circuits can be produced. The 
effectiveness of some of the methods is assessed by simulation using the program 
described in chapter 8.
Conclusions and suggestions as to how this research could be continued are presented in 
chapter 10.
Appendices 1-4 contain theoretical and experimental aspects of the test method described 
in chapter 4, including curve fitting algorithms and component descriptions.
Computer program documentation is included in a separate report [33]. This includes a 
users guide and detailed program documentation for the data reduction software used 




ANALYSIS OF WAVE PROPAGATION IN HYDRAULIC SYSTEMS
In this analysis, an analogy is drawn between hydraulic and electrical transmission lines 
as in many ways their behaviour is similar. In certain electrical transmission systems, 
such as long distance power lines, telephone lines or microwave lines, the signal 
wavelength may be similar to or less than the transmission line length, and in such a case 
simple low frequency lumped parameter theory breaks down. A similar situation applies 
in fluid-borne noise analysis: the frequencies involved are higher than those normally 
considered in the dynamic analysis of hydraulic systems. It is necessary to consider the 
propagation of waves in the line, w ith the resultant standing wave and resonance effects.
Fluid flow rate can be considered to be equivalent to electric current, and pressure 
equivalent to voltage. The electrical impedance concept can be extended to the hydraulic 
impedance, i.e.
Electrical: impedance — current
TT , .. . , pressureHydraulic: impedance = -----------flow rate
Similarly, the concepts of electrical inductance, capacitance, resistance and reactance can 
also be extended to their hydraulic equivalents.
The theory of wave propagation in electrical transmission lines is covered in depth by 
Chipman [19].
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2.1. Positive Displacement Pumps and Flow Ripple
It is well known that the flow from a positive displacement pump is not uniform but 
consists of a mean flow with a superimposed periodic fluctuation. This fluctuation is a 
major cause of fluid-borne noise and is known as the 'source flow ripple’ of the pump. 
The waveform of this flow ripple may be complex, and normally has a fundamental 
frequency equal to the ‘pumping frequency’, where the pumping frequency is related to 
the rotational speed and the number of pumping elements, i.e.
fundamental frequency = shaft frequency X no. of elements . . .  (2.1)
There may also be flow ripple components with a fundamental frequency equal to the 
shaft frequency. Such components, caused by slight variations in the pumping 
characteristics over one revolution, are normally small and unpredictable so are 
generally ignored. Flow ripple also occurs in the inlet flow of positive displacement 
pumps. A study of this flow ripple was undertaken by Freitas [30]. The work presented 
in this thesis is mainly concerned with the outlet flow ripple, although much of it is 
applicable to the inlet flow ripple.
Different classes of pump tend to have characteristic flow ripple waveforms associated 
with them. For example, different models of axial piston pump are likely to produce flow 
ripples which, though not identical, will be qualitatively similar, due to the similar 
pumping mechanisms involved. Certain classes of pump, for example internal gear 
pumps, by their nature produce flow ripples significantly smaller than those of axial 
piston pumps or external gear pumps. Such pumps will, in general, be quieter.
The source flow ripple from a pump can be considered to consist of two superimposed 
components. The ‘kinematic’ ripple is a function of the pump geometry and is 
independent of pressure. The ‘dynamic’ ripple is pressure dependent and may be due to 
fluid compressibility, leakage and inertia. In general, the kinematic ripple may be 
predicted quite accurately from knowledge of the pump geometry. However, the 
dynamic ripple tends to be rather more difficult to predict.
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2.1.1. Source Flow Ripple from  an Axial Piston Pump
A typical axial piston pump w ill have between five and ten identical cylinder/piston 
assemblies. The overall flow from the pump can be considered to be the sum of the 
individual flow from each cylinder. Consider the idealised action of just one cylinder 
during one revolution. During this period the piston will be forced to move sinusoidally 
through one cycle by the swash plate. The idealised porting arrangement to the cylinder 
as shown in Fig. 2.1(a) is assumed, so that at all times when the piston is retracting 
towards bottom dead centre (BDC) the cylinder is connected to the suction port. 
Conversely, when the piston is moving towards top dead centre (TDC) the cylinder is 
connected to the discharge (high pressure) port. The idealised flow from the discharge 
port w ill then be similar to a ‘half-rectified sine wave’ as shown in Fig. 2.1(b). By 
summing the flow from all the cylinders, the overall flow is found to exhibit a small 
kinematic ripple, this having a fundamental frequency equal to twice the pumping 
frequency for a pump with an odd number of cylinders (Fig. 2.2(a)), and equal to the 
pumping frequency with an even number of cylinders (Fig. 2.2(b)) (most pumps tend to 
have an odd number, in which case the kinematic flow ripple is smaller). This ripple, 
however, is normally of small amplitude and only consists of two or three significant 
harmonics.
The compressibility of the fluid also plays an important part in the source flow ripple. 
When the piston is on the suction stroke, the oil in the cylinder w ill be approximately at 
the inlet line pressure, which will be low. As the cylinder rotates past BDC, the suction 
port closes and the discharge port opens. The resultant pressure imbalance causes a 
reverse flow into the cylinder of short duration but sufficient to compress the fluid and 
equalise the pressure. The inertia of the fluid in the vicinity of the port-plate and the 
compressibility of the fluid in the cylinder may cause a mass-spring-damper effect and 
oscillations in the flow ripple waveform [7], as shown in Fig. 2.3. The magnitude of the 
backflow is strongly dependent upon the working pressure; the degree of compression is 
proportional to the mean pressure difference between the outlet and inlet. A similar effect 
w ill occur in reverse as the cylinder passes TDC and opens to the inlet port, causing 
fluid-borne noise in the inlet line.
The backflow produced by some axial piston pumps can be quite large and can lead to 
severe system noise. Furthermore, such a flow ripple w ill have a broad harmonic 
spectrum with perhaps 10 or 15 significant harmonics. Some methods of reducing the 
flow ripple from axial piston pumps are discussed in section 9.1.1.
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2.1.2. Source Flow Ripple from  External Gear Pumps
The idealised form of the source flow ripple from an external gear pump is well known 
[1-4]. It is generally assumed to be independent of pressure and to be purely a function 
of kinematic effects due to the changing geometry of the meshing of the gears as they 
rotate. Fluid compression, although it does take place between the inlet and outlet ports, 
normally tends to be less sudden as it is spread over a large angle of gear rotation and is 
therefore not as significant as for axial piston pumps.
Assuming the ideal configuration of relief grooves as shown in Fig. 2.4(a), the flow 
ripple takes the form of a train of inverted parabolic waves as shown in Fig. 2.4(b), and 
can be described by the equation
q  (</0 — q max—K \l t2 for —7t/ z  <\p<w/z • • ■ (2.2)
where, for involute gear teeth, K  — b f i r 2 cos20p • • • (2.3)
and, for cycloidal gear teeth. K  = 6  f i r 2 • • • (2.4)
i/r represents the rotation of the gears relative to the position at which the contact point 
between the gears lies on the straight line between the gear centres.
or \p = i l ( t  —10) • • • (2.5)
b is the gear width, fl is the angular velocity of the gears. 0p is the pressure angle of the 
gears, z  is the number of teeth on each gear, and r  is the pitch circle radius of the gears.
Harmonically, this flow ripple consists of a very strong fundamental at the pumping 
frequency, and few significant higher harmonics. In practice the flow ripple may be 
significantly worse due to poor design, and may be pressure dependent. Again, numerous
methods are available for the reduction of the flow ripple; these are discussed in section
9.1.2.
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2.2. Wave Analysis of Fluid-Borne Noise in a Simple Pipe
In order to facilitate a reasonably simple analysis, a number of assumptions must be 
made [17,34].
1) The fluid is homogeneous and Newtonian.
2) Heat transfer effects are negligible, and conditions are isentropic.
3) Flow is laminar and axisymmetric.
4) The pressure distribution across the pipe is uniform
5) Perturbations are small such that any variations in the fluid properties are
negligible.
6) The velocity profile across the cross section is uniform; i.e. plane waves are 
assumed.
7) Waves propagating in the pipe wall are neglected.
8) The mean fluid velocity is negligible compared w ith the speed of sound in the 
fluid.
Consider an infinitesimal element of fluid in a rigid pipeline, subject to a plane wave. Fig. 
2.5 [18.35].
By considering continuity of the fluid, 
dq _  A dp
dx Bef dt . . .  (2.6)
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and by considering forces acting on the fluid,
.$ L = R q + IL§!L, 
A  dt . . . (2.7)
As the analysis is to be performed in the frequency domain, applying the Fourier 
transformation




s + j j z e .
A Q-
. . .  (2.9)
. . .  ( 2 .10)
By combining these equations, the wave equations are obtained
dx . . . ( 2 .11)
&P
d x 2
= y 2P . . . (2 .12)
where y , the wave propagation coefficient, is given by
V = yo>Vp/^ef £




. . . (2.13)
. . . (2.14)
is the effective bulk modulus. This can be difficult to predict and can be affected by 
the compliance of the pipe wall and the presence of entrained air in the fluid.
The effect of pipe wall compliance can be taken into account by the equation [16]
Br-ff —
Bi
1 . d1 + —  c i
E  t . . .  (2.15)
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where d  is the mean of pipe internal and external diameters, and t is the pipe wall 
thickness. Br is the isentropic tangent bulk modulus of the fluid (since small, rapid 
changes in pressure are considered [26,30]). BT is a function of the mean pressure and 
temperature, and may normally be found from the fluid manufacturer's published fluid 
properties data.
Cj is a factor which is a function of the longitudinal stresses and strains in the pipe, 
which are dependent upon the way in which the pipe is anchored [36]. The effect of these 
is difficult to predict, particularly in the case of pressure ripple where the instantaneous 
pressure varies along the length of the pipe. However, this effect is small and it is 
assumed here that longitudinal stresses can be ignored, in which case
2t ( 1+j0  , d
Ci d ~ T l . . . ( 2 .1 6 )
Wave propagation effects within the material of the pipe wall are ignored in this 
analysis. It is normally considered that in the case of a rigid pipe such effects have 
minimal influence on the wave propagation properties of the fluid. For a flexible hose, 
however, such effects tend to be important; there is a strong and complex interaction 
between waves propagating in the fluid and in the hose walls [37-39].
R  is the resistance coefficient, defined as the pressure drop per unit length, per unit flow 
rate. In theory, for a plane wave there would be an infinite velocity gradient at the pipe 
wall, and hence infinite shear stress, in which case the resistance coefficient would also be 
infinite. This is clearly nonsensical and shows that this simplified model has serious 
shortcomings. Indeed, for steady, fu lly  developed laminar flow the velocity profile is 
parabolic.
The model can be improved by allowing for a non-uniform velocity profile across the 
pipe. Foster and Parker [10] presented a solution of the wave equations for this case. This 
analysis is considerably more complicated, involving the use of Bessel functions. The 
solution is as eqns (2.11)-(2.13), where [12,17]
£  =
2 J ^ h a j 312)
h a j3/2 J  0{h a jy2) . . .  (2.17)
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where / 0 anc* J  \ are Bessel functions of the first kind of order 0 and 1 respectively, and 
ha is the non-dimensional ‘wave shear number’, which may be considered as a function 
of the ratio of inertial forces to viscous forces.
ha = ^-s /u jv . . . . ( 2 .1 8 )
£ is plotted against ha in Fig. 2.6.
The Bessel functions in equation (2.17) tend to be difficult to evaluate. However, it was 
shown by Foster and Parker [12] that the effect of the non-uniform velocity profile can 
be allowed for in the original model (equation (2.14)) by considering the density p and 
resistance R as functions which vary with the wave shear number. The variation in 
effective density is plotted in Fig. 2.7(a), relative to the actual density. The variation in 
effective resistance is plotted in Fig. 2.7(b), relative to the steady state value for laminar 
flow, which is obtained from the Hagen-Pouseuille formula, as
p  _  128/ jl
R  ~ n d 4 ■ . . .  (2.19)
As can be seen from Fig. 2.7(b). the resistance approaches its steady state value at low 
wave shear number, i.e. low frequency. This is to be expected and implies tha t the 
velocity profile approaches a parabolic form. A t high values of the wave shear number, 
inertial forces predominate over viscous forces. This has the effect of ‘flattening’ the 
velocity profile, increasing the shear near the pipe walls and hence increasing the 
resistance.
The kinetic energy associated with a particular mean flow rate in the steady state, where 
the velocity profile is parabolic, can be shown to be 4/3 of that which would be 
associated with the same mean flow rate if the velocity profile was uniform. This increase 
in kinetic energy can be represented by an increase in the effective density. Thus, as ha 
tends to zero, the effective density approaches 4/3 of the actual density. A t high values 
of ha the velocity profile flattens out, so that the effective density approaches the actual 
density. The variation in the effective density is shown in Fig. 2.7(a).
In most hydraulic fluid-borne noise situations, the frequency and viscosity are such that 
the wave shear number exceeds 10. In this region, the effective density and resistance can 
be defined accurately by the asymptotic approximations [11,12]
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Peff _  1 \ /2
~ T  ~ 1+75T • • •(220)
A * -  =  0.425+0.175^. (2.2l)
For ha < 10, these curves can be approximated using a cubic spline. At high values of ha , 
the value of £ approaches unity, as can be seen from Fig. 2.6, in which case it may be 
reasonable to assume frictionless conditions. However, with modern digital computation 
techniques the added complexity involved in the inclusion of viscous effects can easily be 
incorporated.
The wave equations (2.11) and (2.12) have as general solutions
P  (o> ) = Fe ~yx +Ge yx . . .  (2.22)
Fe ~yx —Ge yx
G T 0 . . . (2 .2 3 )
where Z 0 = ------------------------------------------------------------------------------------------- . (2.24)
and F  and G depend upon the boundary conditions, y  represents the way in which the 
wave is propagated along the line.
The Fe ~yx term represents a wave travelling in the positive direction along the pipe. Z 0 
is known as the ‘characteristic impedance’ and is the complex ratio of the pressure wave 
to the flow wave. Similarly the Geyx term represents a wave travelling in the opposite 
direction (note that P is a scalar quantity and Q is a vector quantity, so a minus sign is 
necessary in equation (2.23) to indicate the reverse direction).
If frictionless conditions are assumed, then
y  . . . (2 .2 5 )c 0
where the speed of sound, c 0 = -jBe* fp
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Consider a wave travelling in the positive direction only.
P = Fe —JUiX /Cq (2.26)
The exponential term represents a phase lag with increasing x . This can be thought of as 
a delay, and indicates that the wave travels at the speed of sound in the direction of 
increasing x .
Including viscous effects, it is possible to represent y  by
y  = jo )/c  +a • • • (2.27)
where c and oc are real functions of ha .
c is the phase velocity of the wave (note: if viscous effects are neglected, it becomes 
equal to c 0). The value of c / c 0 is plotted against ha in Fig. 2.8. It can be seen that c 
approaches c 0 as ha increases. In the range of interest, c is roughly equal to c 0. A t low 
values of ha ,c  / c 0 tends to zero.
Including viscous effects, a wave travelling in the positive direction can be represented by 
P  = p e -jo>x/c e -ax _  . (2.28)
The e~ax term represents an exponential decay. Thus if viscous effects are significant a 
wave will decay exponentially as it travels along the pipe.
2.3. Application of the Wave Equations to a Simple System
Consider the simple system shown in Fig. 2.9(a), which consists of a pump, a rigid pipe 
and a load valve. This can be represented using impedance notation as in Fig. 2.9(b).
The pump acts as a source of fluid-borne noise, and produces a flow ripple, Qs . It is 
assumed that the flow ripple is generated at the exit of the pump. (This is not the case in 
practice: the flow ripple will be generated at a point w ithin the pump. A more precise 
model is described in section 4.3.10.).
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The pump can also be considered to have an impedance in parallel with the flow ripple. 
This is known as the 'source impedance’ Zs . The form of this impedance may be 
complex, but basically it encompasses any capacitive, inductive or resistive effects in the 
fluid which is contained within the pump. The form of this impedance is investigated in 
section 4.3.9. This pump model with a flow ripple in parallel with an impedance is 
equivalent to Norton’s model as used in electrical engineering as a model of current 
sources.
The load valve may be a source of FBN, due to cavitation and/or oscillation. Such effects 
are ignored in this analysis, and the valve is assumed to be a purely passive device, 
represented by an impedance ZT.
Applying these boundary conditions to equations (2.22) and (2.23), expressions can be 
derived to define the pressure ripple and flow ripple at any point x  along the pipe [ ll] ;
=  QSZS Z  o +pr e -><2'-«>
Zs +Z„ ’ l —ps pr e~2yt . . . ( 2 .2 9 )
QSZS e - y - P i- e
Zs +Z„ ' 1 -p s p j- e -w  . . . ( 2 .3 0 )
where pT is the termination reflection coefficient, and is defined as the complex ratio of 
the incident pressure wave to the reflected pressure wave at that point. Similarly, ps is 
the source reflection coefficient, and represents the way in which the wave travelling 
from the termination is reflected at the source.
Equations (2.29) and (2.30) are fundamental to understanding the behaviour of fluid- 
borne noise in hydraulic systems. They can be extended to describe some more 
complicated circuits, such as those incorporating changes in pipe section, or multiple pipe 
branches. [8,9,40,41]. They are, however, rather complicated expressions and it may be 
helpful to explain the physical relevance of the terms.
Consider equation (2.29). The right hand side may be split into two distinct parts:
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Qs Zs Z o e~yx +pTe~yi2l~x)
z s + z0 Ps Pt e 2yl
= [ A  ] . [  B I
Part A  has the units of pressure, and represents the pressure which would be generated 
at the pump exit in the absence of any reflections from the termination. The flow ripple, 
Qs , is discharged into a load which consists of the source impedance and the pipe 
characteristic impedance in parallel.
Part B  is non-dimensional and represents the behaviour of the waves which are 
generated by part A. The e~yx term in the numerator represents the wave which is 
propagating in the positive direction. The pr  e _>( 2 / ) term represents the wave after 
reflection at the termination, pT being the amplitude and phase change which occurs at 
the reflection, and (2l —x )  the total distance which the wave has travelled from the 
source. The denominator represents the cumulative effect of subsequent reflections of the 
wave. This is made clearer if this term is expanded into an infinite series by a binomial 
expansion, as follows:
B  = e “>x +pT e _>(2/ )+p5 pT e ->(2/ +* >+p5 p$e “>(4Z ~x )+Ps Pt * +x}+ ' ' ' . . . ( 2 .3 1 )
The odd numbered terms in this expression represent waves travelling in the positive 
direction, and the even numbered terms represent waves travelling in the other direction. 
Each subsequent term represents a subsequent reflection. Eventually, due to pipe friction 
and incomplete reflections ( I pT I or I ps I less than unity), these terms will decay to 
zero.
Although the analysis is performed in the frequency domain, it is helpful to visualise the 
implications of the above in the time domain. Fig. 2.10 shows some experimental traces 
of pressure ripple plotted against time at different positions along the pipe for such a 
system. Rather than the source of the flow ripple being a pump, however, it is in this case 
generated artificially using a pulse generator (section 4.3.2.), which periodically produces 
a short duration flow pulse, as shown. The pressure traces clearly show the propagation 
of this pulse along the line. There is an initial large amplitude pulse which is increasingly 
retarded as the distance from the source becomes greater. This is followed by another 
pulse of slightly smaller amplitude which travels in the opposite direction (this indicates 
that I pT I < 1). followed by another pulse travelling in the same direction as the first
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pulse, etcetera. The pulses decay away exponentially, due mainly to incomplete 
reflections, with viscous losses in the pipe also having a minor effect.
2.4. Standing Waves
Consider the behaviour of one single harmonic pressure ripple component in this simple 
system. Fig. 2.11(a) shows the effect of different values of \pT I on the amplitude of the 
pressure ripple along the pipe (assuming friction in the pipe is negligible).
For the case where I pT I = 0 ,  the pressure amplitude is constant along the pipe length. 
This represents a pure travelling wave, as would be expected since there is no reflected 
wave.
Where \pT I = 1 ,  the reflected wave interferes w ith the incident wave to form a pure 
standing wave. For smaller values of Ipy- I . a partial standing wave is formed. At those 
points where the incident and reflected waves are in phase, the sum of the two waves is 
at its maximum. This maximum is termed an ‘anti-node’. Where the two waves are 180° 
out of phase, they cancel each other out wholly or partially to produce a minimum, or a 
‘node’. The distance between consecutive nodes or consecutive anti-nodes is half of the 
wavelength. There is a high rate of change of pressure amplitude with length near a node, 
and a gradual change near an anti-node.
The effect of variations in the phase of pT , where Ip?- 1=1, is shown in Fig. 2.11(b). As 
can be seen, the effect is simply to move the position of the nodes and anti-nodes relative 
to the termination.
2.5. Resonance
Consider the denominator of part B of equation (2.29), i.e. (1— ps pr e ~2yl). If the value 
° f PsPre ~2yl approaches +1, this term can become small and consequently the pressure 
ripple amplitude may become very large. This phenomenon is known as resonance and, in 
severe cases, can cause FBN levels to become very high, a condition to be avoided if 
possible. The effect is most marked where I ps I and I pT I are large, which is often the 
case in certain hydraulic circuits such as hydrostatic transmissions. The e~2yl term 
indicates that resonance is strongly dependent upon harmonic frequency and pipe length.
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Fig. 2.12 shows a plot of pressure amplitude at the source as a function of the pipe 
length, where it is assumed tha t ps = +1. It can be seen that for large values of I Pj- I the 
resonances are sharply defined and the pressure levels at resonance very high. The effect 
is less marked for smaller values of I Pj I.
2.6. Derivation o f the Termination Reflection Coefficient as a Function o f Z 0 and
Consider the reflection which occurs at the termination. The pressure ripple at the 
termination is given by the sum of the incident and reflected pressure waves, i.e.
The flow ripple at this point is similarly given by the algebraic sum of the incident and 
reflected flow waves.
Pi = P i +Pr . . . . (2.32)
Qi ~  Qi —Qr . . . (2.33)
. . . (2.34)
Substituting (2.34) into (2.33)
. . . (2.35)
Pt
By definition, ZT = ——. . .  . (2.36)
Substituting (2.35) and (2.33) into (2.36),
. . . (2.37)
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PrBy definition. pT -  — . ^  ^
1 +Pt
Hence ZT = Z 0 (2 39)
2   2
or, rearranging. pT = ^ 2-. (2.40)
A similar argument applies to the source reflection coefficient.
2.7. Limitations on the Range o f the Reflection Coefficient
The characteristic impedance is shown in equation (2.24) to be a complex number which 
is dependent upon the wave shear number. Normally viscous effects are small, and if 
they are ignored.
7 _  PCo
Z ° ~ ~A~ . . . ( 2 .4 1 )
i.e. Z o is a positive real number and is independent of frequency.
The value of termination impedance may have real and imaginary parts, which by using 
the electrical impedance analogy can be called 'resistance* and ‘reactance* respectively. A 
true passive termination cannot have a negative resistance, so the real part of ZT must be 
positive.
Putting ZT — Rr + jX r • - • (2.42)
where RT = termination resistance 
X T = termination reactance
^ _ _  (Rr Z  o )+ jX T
Pr ~ (RT + ZB)+ jX T ' . - .  (2.43)
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For positive or zero RT , this expression cannot have a magnitude greater than 1. 
Therefore, in the case of a passive termination and a frictionless line the magnitude of 
the reflected wave cannot exceed the magnitude of the incident wave. This implies that 
the energy of the wave cannot be increased upon reflection, as would be expected. There 
are. however two possible exceptions to this rule:
a) the termination is not tru ly  passive (see section 6.4.2.)
b) viscous effects in the line are not negligible. Under certain conditions the phase 
of Z 0 and ZT may be such that the magnitude of the reflection coefficient exceeds 
unity. This condition was explained in some detail by Chipman [19], who showed 
tha t the maximum possible value of \pT I = l+y/2. Although it appears to violate 
the principle of conservation of energy, it was shown by Chipman that, because of 
the highly reactive nature of the characteristic impedance, this is in fact not the 
case. This condition is unlikely to occur in hydraulic systems as it can only occur at 
very low values of ha .
2.8. Values of Reflection Coefficient for Special Cases o f Termination Impedance
i ) Closed end
In this situation ZT = oo and pT = 1, i.e. the reflected pressure wave has the same 
amplitude and phase as the incident wave. The incident and reflected pressure waves will 
sum together to produce a maximum or an ‘antinode’ at the termination.
i i ) Open end
In this case ZT — 0 and pT — —1. The reflected pressure wave is of the same amplitude as 
the incident wave but is inverted, so the pressure ripple at the termination is zero (a 
‘node’).
iii ) Purely reactive termination
In this case Rr  = 0. Assuming a frictionless line, the reflection coefficient w ill have a 
magnitude of unity and a phase of anything between —180° and +180°, depending upon 
the reactance.
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iv ) Termination impedance equal to characteristic impedance
This condition produces a reflection coefficient of zero, i.e. there is no reflection. This very 
im portant case is known as a ‘non-reflective termination' and all the energy of the wave 
is absorbed by, or transmitted through, the termination. No standing wave is set up in 
the pipe and the wave amplitude is constant along the line.
In cases (i —H i), no energy can be absorbed by the termination and so the wave is 
reflected with no loss of energy.
2.9. Entry Impedance
The entry impedance. ZE , of a hydraulic circuit is defined as the ratio of the pressure 
ripple to the flow ripple at the entry to that circuit. For example, in the simple system of 
Fig. 2.9, one can define the entry impedance at the position x — 0 as representing the 
overall impedance of the pipe and termination.
Substituting x — 0 into equations (2.29) and (2.30), and dividing (2.29) by (2.30), the 
following expression is obtained:
, _ P o _ 7  1 +PTe - 2yl 
'E C o  °  1 - p T e - 2*  ' . . . (2.44)
It is also possible to define an ‘entry reflection coefficient’ pE , where
. . . (2.45)
Substituting equations (2.44) and (2.45) into (2.29), an alternative expression for the 
pressure ripple is obtained:
and the pressure at the pump outlet is then given by
p _  Q s^s Ze
0 ZS +ZE . . . (2 .4 7 )
2 5 Zewhere —---- — is the impedance obtained by combining the source impedance and the
circuit entry impedance in parallel.
2.10. M odelling o f System s w ith  More th a n  One Source o f Fluid-Borne Noise
It is common for a hydraulic circuit to have more than one component acting as sources 
of fluid-borne noise. For example, consider the much simplified hydrostatic transmission 
shown in Fig. 2.13. The motor has a flow ripple and a source impedance associated with it 
in much the same way as the pump [30].
It is an implicit assumption in the impedance method that there is a linear relationship 
between the source flow ripple Qs and the pressure ripple in the circuit (equation (2.29)). 
In practice this is normally a valid assumption since the pressure fluctuations considered 
are generally small compared to the mean pressure, and therefore non-linear 
characteristics of any component should be insignificant. Based upon this assumption, it 
is possible to determine the overall pressure ripple or flow ripple in this hydrostatic 
transmission circuit by considering the effect of each source in turn , and summing the 
results using the principle of superposition. The procedure is described in more detail by 
Freitas [30].
In general, the two sources of fluid-borne noise w ill not have the same fundamental 
frequency, and so the frequencies of the harmonics of the pressure ripple from each 
source will be different. This may well result in the phenomenon of ‘beating’, where 
there is a marked periodic rise and fall in the pressure ripple amplitude which is 
commonly audible as a variation in noise level. An experimental pressure waveform 
showing this effect is shown in Fig. 2.14(a). The harmonic spectrum of such a signal is 
shown in Fig. 2.14(b). As can be seen, since the harmonic frequencies from each source 
are different, the components generated by either source can be readily distinguished 
from one another, except at those frequencies where the harmonics happen to coincide. 
If, however, the fundamental frequencies of the two sources are equal, it will be 
impossible to discriminate between the components of either source.
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2.11. Lumped Parameter and Distributed Parameter Modelling o f Components
If the dimensions of a component are insignificant compared to the wavelengths of the 
fluid borne noise components under consideration, then that component can be modelled 
using a simple 'lumped parameter’ approach. Components such as pipes or hoses, 
however, are likely to have lengths which are significant compared to the wavelengths of 
the fluid-borne noise. In such cases it is necessary to take wave propagation effects into 
account in their modelling. This is known as ‘distributed parameter’ modelling.
2.12. Two-port Models and Transfer Matrices
Most hydraulic components, for example a pipe or a restrictor valve, can be thought of as 
having two ports, namely the inlet port and the outlet port. Such a component can be 
modelled as a 'black box’ so that the only variables are the pressure and flow ripple at 




This representation is analogous to that commonly used in electrical engineering [19], and 
can be applied to both lumped and distributed parameter models. The four variables 
(Pin  ’ Qin  ’ Pour * Qoirr ) are functions of the characteristics of the model itself and also of 
the system to which the model is connected. It is, however, possible to derive a 
relationship expressing a pair of the variables in terms of the other pair, which is a 
function of the model characteristics alone. This takes the form of two simultaneous 
equations which can be represented by a matrix equation. The matrix describing the 
model can take many forms, depending upon which pair of variables is expressed as a 
function of the other pair, and is described generically as a 'transfer m atrix’.
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2.12.1. Derivation o f the Transfer Matrices for a Rigid Pipe
Consider equations (2.22) and (2.23). At the pipe inlet, X =0 
Pin  — F  +G (2.48)
(2.49)




1 / Z 0 - 1 / Z 0
and a t the pipe outlet, x —I 
Four = F e-^l +Ge>1 
Fe~yl —G eyl
Qout — Z 0
Rearranging (2.51) and (2.52) and expressing in matrix form




Substituting (2.53) into (2.50)
Pin Pout
Qin = T Qout
where T=









. . . (2.55)
The matrix T is known as the transmission matrix, because it relates the transmission 
characteristics between the inlet and outlet. By simple algebra, different forms of the 
transfer matrices may be derived, the most important being listed below:
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Inverse Transmission Matrix




where T l —










Z o coth y l Z  o cosech yl 
Z o cosech yl Z Q coth yl
In this case, all the elements of Z have the units of impedance. 
Admittance Matrix








. . . (2.60)
where Y=










. . .  (2.61)
Here the elements of Y  have the units of admittance.
The transfer matrix approach offers a powerful method for the analysis of the fluid- 
borne noise characteristics of hydraulic systems whilst, particularly for complex 
systems, it involves a significant reduction in algebra over other methods. For this reason 
this technique is extensively employed in later sections of this work.
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CHAPTER 3
EXPERIMENTAL METHODS FOR PRODUCING A 
PUMP FLUID-BORNE NOISE RATING
Numerous experimental techniques for the determination of the fluid-borne noise 
characteristics of positive displacement pumps have been proposed by various researchers 
[24,26,42]. These techniques vary widely in their complexity; some are more 
comprehensive than others and are suited to different applications.
As described in chapter 2, using impedance notation a pump is generally described by the 
‘source flow ripple’, Qs , and the ‘source impedance’, Zs . In order to fu lly  describe the 
pum p’s fluid-borne noise behaviour both these quantities must be known, although Qs 
may be sufficient as a comparative pump FBN rating since Zs is a purely passive 
characteristic. The experimental evaluation of Qs , however, tends to be difficult and 
requires complex measurement and data reduction procedures.
An alternative pump rating can be obtained by considering the pressure ripple which 
would be obtained if the pump were connected to a load of infinite entry impedance. This 
is known as the ‘blocked acoustic pressure’ of the pump (PB ), and is equal to the product 
Qs Zs . The blocked acoustic pressure has some advantages over the source flow ripple as a 
FBN rating, these being:
a) The blocked acoustic pressure tends to be rather simpler to evaluate 
experimentally than the source flow ripple.
b) PB has the units of pressure. Fluid-borne noise is generally considered to be the 
pressure ripple in a circuit, rather than the flow ripple in a circuit, so it is easier for 
the user to judge a FBN rating from a pressure quantity than from  a flow quantity.
However, the blocked acoustic pressure also has some disadvantages:
a) The flow ripple is the fundamental source of the fluid-borne noise produced by 
a pump, whereas the blocked acoustic pressure is an artificial quantity  derived from 
the flow ripple. The waveform of the source flow ripple is directly related to the 
pumping mechanism, and can provide useful information about the causes of the 
fluid-borne noise.
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b) Over the frequency range considered in fluid-borne noise analysis, the source 
impedance is, in general, predominantly capacitive. This will tend to over-emphasise 
the lower frequency harmonics of the blocked acoustic pressure, so that the higher 
harmonics w ill be negligible. However, the higher frequency harmonics of pressure 
ripple in a circuit often tend to be the greater nuisance in practice, since they may 
be more readily propagated as air-borne noise [43]. Thus, for example, an axial 
piston pump which produces a broad spectrum of fluid-borne noise may have a 
lower blocked acoustic pressure rating than a gear pump which produces a narrower 
spectrum, although in practice it may be much more noisy in most situations.
c) A t any given frequency, the blocked acoustic pressure is proportional to the 
source impedance. Thus, a reduction in the source impedance will cause a reduction 
in the blocked acoustic pressure. However, it w ill also alter the resonant 
characteristics of the circuit, and could cause an increase in the generated pressure 
ripple level. There is a linear relationship between the source flow ripple and the 
consequent pressure ripple, however, so that at a given frequency a reduction in Qs 
w ill cause a proportionate reduction in the pressure ripple.
For the above reasons, the author is of the opinion that the source flow ripple forms a 
better basis for a pump FBN rating than the blocked acoustic pressure, although the 
latter may be useful in some situations, particularly in view of the fact that it tends to 
be rather simpler to evaluate.
Perhaps the simplest form of FBN rating available is that based on a single measurement 
of the pressure ripple at the pump outlet. However, such a measurement would not be a 
function of the pump alone, but would be affected by the impedance characteristics of 
the system into which the pump discharges. Thus a direct pressure ripple measurement 
is only meaningful if:
a) a standard delivery circuit is used, or
b) the effect of the loading circuit characteristics can be predicted and 
compensated for, or
c) the effect of the loading circuit characteristics is negligible.
- 2 7 -
3.1. U nruh ’s M ethod
In 1975, U nruh [20] proposed a simple technique for the experimental determination of 
the source flow ripple of a pump. The test procedure involves the measurement of the 
pressure ripple at the discharge port of the pump. By making assumptions about the 
nature  of the impedance characteristics of the components, Unruh proposed that it 
should then be possible to determine the harmonic amplitudes of the source flow ripple, 
using the equation
I P 0 \
l & l = ^ T  . . . ( 3 .1 )
where P 0 is the measured pressure ripple, and Z sys is the combined predicted impedance 
of the pump and loading system.
The technique requires that the pump should be loaded using a simple restrictor valve, 
connected as close as possible to the pump in order that wave propagation effects in the 
discharge line should be insignificant, permitting the use of simple lumped parameter 
theory. The impedance of the restrictor valve is assumed to be independent of frequency 
and dependent only upon the steady state characteristic of the valve, i.e.
7 _  ftP
r _ ae  • •■(3.2)
where it is assumed that
P=1cQ2 . . . ( 3 . 3 )
2 P
thus ZT ——^ .  . . . ( 3 . 4 )
The pump impedance is assumed to be a function of its internal volume and leakage.
Although this technique has the attraction of being very simple, it is unlikely that the 
results would be accurate. Considerable errors could be incurred in the prediction of the 
impedance Z sys. It has been found [26] that the dynamic impedance of a restrictor valve 
shows significant reactive effects, such that errors will be incurred by the assumption of 
a pure resistance based upon the steady state characteristics. Furthermore, Edge [32] has 
shown that the pump impedance cannot be predicted accurately in terms of its measured 
internal volume and leakage alone, especially at high frequency where fluid inertia and
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wave propagation effects w ill become significant.
3.2. Szerlag’s M ethod
Also in 1975, Szerlag [21] proposed a method for determining a fluid-borne noise rating 
for a pump. The experimental procedure is very similar to that used by Unruh, in that 
the pump is loaded by a restrictor valve through a short length of line. Szerlag, however, 
considered the blocked acoustic pressure of the pump to be the relevant parameter. A 
correction factor is applied to the pressure ripple measurements in order to allow for the 
impedance of the load and discharge line. The resultant spectrum is then ‘A’ weighted to 
compensate for the response of the human ear, and the pump rating is assumed to be 
equal to the amplitude of the most significant harmonic.
Szerlag’s method suffers from similar limitations to Unruh's, because of the difficulty in 
the accurate prediction of the impedance of components. Hence this method is rather 
limited in application, and the pump rating is only useful as a guide to the relative FBN 
levels of different pumps.
It is questionable as to whether the pump rating should be dependent on one harmonic 
only. Although this may give a reasonable comparison between pumps of a similar type, 
it may be meaningless when comparing dissimilar pumps. For example, an external gear 
pump, which only produces a few significant flow ripple harmonics, may have a higher 
rating by this method than an axial piston pump which generates a much broader 
spectrum, although in practice the latter may tend to be far noisier.
3.3. Davidson and T aylor's M ethod
A technique was described in 1976 by Davidson and Taylor [28] for the experimental 
evaluation of the characteristics of a pump. A critical appraisal of the technique is given 
by Wing [26].
The technique involves the measurement of the pressure ripple at the pump exit using 
two different types of load with different entry impedances, these being:
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a) a restrictor valve connected to the pump by a length of pipe. Davidson and 
Taylor assumed that the impedance of the valve was significantly higher than the 
pipe characteristic impedance, so that the entry impedance of the pipe could be 
approximated to that of a closed line.
b) a load as in (a), but with an accumulator connected in parallel w ith the 
restrictor valve. Assuming that the accumulator presents a very low impedance, the 
entry impedance of the pipe approximates to that of an open-ended line.
By analysis of the resonant characteristics of the system with these two loads, it was 
proposed that the source impedance could be predicted, assuming it to be purely 
capacitive. Using this information, the source flow ripple could also be evaluated.
This method suffers from some similar problems to U nruh’s and Szerlag's methods. It 
may be difficult to produce a good approximation to an open-ended and closed-ended line 
experimentally; results reported later in this thesis show that the assumption of an 
accumulator having a very low entry impedance is erroneous at high frequencies, where 
it has a strong inductive characteristic. Furthermore, the frequency range is limited by 
the assumption that the pump source impedance is purely capacitive.
3.4. ‘High Impedance Pipe' Method
If the entry impedance of the discharge line is much greater than the pump source 
impedance, the pressure ripple at the pump outlet is independent of the system and equal 
to the 'blocked acoustic pressure*. PB .
p (2si.e. P 0= 1+ZS/Z E ' . . . ( 3 .5 )
If IZE I I Zg I , then P  o ^  Qg Zg — PB .
A method has been developed at Bath [23,24,26] based upon this principle. This is known 
as the ‘High Impedance Pipe’ method, and. as its name implies, employs a small diameter 
pipe of high characteristic impedance in an attempt to produce a high entry impedance. 
The pipe is terminated by a restrictor valve.
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Thus ZE —Z
. . . (3.6)
where pE . . . (3.7)
or, ignoring pipe friction.
ZT cos (bil /c  0)+ jZ  o sin ( ( d I  /c  0)
. . . (3.8)
If ((t)l / c 0) = n  7T, where n is an integer, then sin (o>Z/c0) = 0, and ZE = ZT . If 
(o)l / c 0) = (n +V2 )n , then cos (o)l / c 0) = 0, and ZE = Zq /Z t  . By use of a small diameter 
pipe, I Zq I can be made greater than I Zr I , in which case the highest entry impedance is 
obtained where ((i)l / c 0) = (n +1/^)7r. Unfortunately this condition cannot be achieved for
a whole harmonic series with just one pipe length. Thus a number of different pipe
lengths must be used. It was proposed that the analysis should be performed over 10 
harmonics, in which case 4 different pipe lengths would be required, one for harmonic 
no’s 1,3,5,7 and 9, one for harmonic no’s 2,6 and 10, one for harmonic no. 4 and one for 
harmonic no. 8.
The pipe diameter is selected such that up to 75% of the mean pressure is dropped along 
its length, and the remaining 25% across the valve.
Considerable success has been achieved using this technique, and it has been adopted as a 
British Standard [25]. Results can be obtained with a high degree of accuracy, provided 
that it is possible to achieve the situation where IZE I »  I Zs I . Problems may be 
encountered under one or more of the following conditions:
a) when the pump under test has a small discharge volume.
b) at low harmonic frequencies.
c) at frequencies at which the source impedance has a resonant peak (normally
this w ill tend to be above the range of frequencies under consideration).
d) at high mean flowrate.
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e) at low mean pressure.
Conditions (a), (b) and (c) lead to relatively high values of I Zs I. Conditions (d) and 
(e) lead to relatively large diameter pipes being necessary, reducing the value of IZE I . 
Problems are most likely at the fundamental frequency, at which the source impedance 
is of high magnitude. Unfortunately, in practice this tends to be the most significant 
harmonic.
A number of different pipe lengths and diameters are needed to perform a test. These 
will not necessarily be suitable for testing at a different mean pressure, mean flowrate or 
pump speed, so that a complete series of tests on a pump over a range of conditions 
would require a large number of different pipes.
3.5. ‘Additional Capacity* Method
This technique [23] is an extension of the High Impedance Pipe method and is intended to 
enable the source flow ripple and source impedance to be evaluated, rather than the 
blocked acoustic pressure alone.
If an expansion chamber is fitted between the pump and the high impedance pipe, such 
tha t the entry impedance of the pipe greatly exceeds the expansion chamber impedance, 
then the pressure fluctuation at the pipe entry is given by
provided that the expansion chamber dimensions are small so that wave propagation 
effects are negligible.
If the blocked acoustic pressure. QsZs . is known from a previous High Impedance Pipe 
test, then Qs and Zs can be determined by algebraic manipulation. To obtain more 
reliable results, a number of different expansion chamber volumes could be employed.
p  _  Qs 
0 1+ Z j/Z c . . .  (3.9)
where Zc is the impedance of the additional capacity, given by
. . .  (3.10)
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U nfortunately, in practice some erroneous results were obtained, probably due to 
difficulty in estimating the impedance of the expansion chamber, possibly caused the 
lumped parameter model of the expansion chamber being in error. Tests by Wing [26] 
showed that the correlation between the simple capacitive model and experimental 
results for the impedance of the expansion chamber tended to be poor.
3.6. ‘Insert’ Method
The Insert method [26] was a development of the Additional Capacity method, and 
entailed the use of a pipe insert as opposed to an expansion chamber, since its impedance 
characteristics could be modelled more reliably taking wave propagation effects into 
account.
Although some good results were obtained in practice, problems were encountered under 
certain conditions, in particular where the length of insert corresponded to an integral 
m ultiple of half a wavelength, in which case the solution was ill-conditioned and reliable 
results could not be obtained.
3.7. ‘Extending Pipe Length* and ‘Hydraulic Trombone* Methods
The Insert method could be very susceptible to small errors in pressure measurement. 
The Extending Pipe Length method was an attempt to reduce this problem by the use of 
a large number of different lengths of pipe at the pump outlet and measuring the 
pressure ripple at either end of the pipe in each case. From this information the pump 
parameters could then be calculated, using a curve fitting technique.
Although good results were obtained by this method, it was very time-consuming when 
a large number of different lengths of pipe had to be connected into the system. For this 
reason, a more practical system was developed [26]. Termed the ‘Hydraulic Trombone’, it 
involved a section of large diameter pipe which could effectively be varied in length by 
means of a piston arrangement, as shown in Fig. 3.1. Pressure ripple was measured at a 
number of points along the larger diameter pipe, and up to 9 different pipe lengths could 
be selected. By means of a curve fitting technique, the pump parameters could be 
determined with a good degree of accuracy.
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Although rather more practical than the Extending Pipe Length method, the Hydraulic 
Trombone method was still time-consuming. The method suffered from inaccuracy under 
certain conditions, particularly in the prediction of the source impedance, which was ill- 
defined under the following conditions:
a) When the harmonic amplitudes of Qs were low or unstable.
b) When near-reflectionless termination conditions occurred. The calculation of Zs 
was based upon analysis of the behaviour of the reflection occurring at the source. If 
no reflection took place at the termination, there would be no subsequent reflection 
at the source, so the source impedance would be indeterminate.
c) When the range of pipe lengths was such that the system was predominantly at 
or near an anti-resonant condition. In such cases the measured pressure ripple levels 
showed little variation with pipe length, and were relatively independent of the 
source impedance. This condition could be avoided by altering the termination 
impedance characteristics by inserting additional lengths of pipe between the 
Hydraulic Trombone and the loading valve. The selection of this additional length, 
however, required considerable expertise.
3.8. ‘Reflectionless Term ination* M ethod
If the pump could be connected to a pipe in which no reflections were to occur, the 
analysis of the fluid-borne noise in such a system would be greatly simplified, and the 
pressure ripple at the pump outlet would simplify to:
p _ Qs Zs Z q
0 Zs + Z 0 * . . . ( 3 .1 1 )
This is not a function of the pump alone, but is also dependent on the pipe diameter. It 
could, however, be used as a rating, if a standard pipe diameter was used (perhaps equal 
to the diameter of the pump discharge port). Alternatively, this test could be used as a 
supplement to the High Impedance Pipe method. If the blocked acoustic pressure is 
already known, it is possible, by algebraic manipulation of the above equation, to 
separate the terms Qs and Zs .
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An alternative approach was used by Larsson et al [22], If it is assumed that the 
discharge passageway can be modelled as a length of uniform pipe, and the diameter of 
the connected pipe is chosen such that its characteristic impedance is equal to that of the 
pump discharge passageway, then, for a reflectionless line,
Po=QsZ<fi~>““''IC . . . ( 3 .1 2 )
where Q$ is an alternative representation of the source flow ripple in which it is referred 
inside the pump to the end of the discharge passageway (section 4.3.10.). The e iUilplc 
term  represents a pure time delay and may be ignored, and Z 0 is a real constant. Thus 
the source flow ripple is directly proportional to the measured pressure.
Some good results were obtained by Larsson et al using this method. However, there 
were some practical difficulties:
a) A tru ly  reflectionless line was difficult to achieve.
b) It was difficult to obtain good matching between the characteristic impedances 
of the pump discharge passageway and the pipe. Any mismatch would adversely 
affect the results, particularly at high frequency. The characteristic impedance of 
the pump discharge passageway is extremely difficult to estimate accurately w ithout 
evaluating the pump source impedance experimentally.
There are two generally accepted ways of producing a non-reflective termination:
a) By the use of a very long pipe or hose. This method relies on the attenuation 
properties of the line, such that the wave is almost completely attenuated by the 
time it returns to the source. An extremely long rigid pipe (100-200 m) would be 
required to provide sufficient attenuation. Flexible hose tends to be more ‘lossy’, so 
that a shorter length ( ^  50 m) would be sufficient. However, the behaviour of 
flexible hose is quite complex [37-39], and its characteristic impedance can be 
difficult to evaluate.
b) By the use of a ‘tuned’ termination. Such a termination was developed by 
Theissen [44], and is shown in Fig. 3.2. The upstream restrictor is set so that its 
resistance is matched to the pipe characteristic impedance. The expansion chamber 
downstream of this is intended to present a low impedance, in order that the entry 
impedance of the valve should be v irtually  equal to the resistance of the upstream 
restrictor. A second restrictor is situated downstream of the expansion chamber in
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order to control the mean system pressure. The effectiveness of the tuned 
termination depends on the presumption that the impedance of the upstream 
restrictor can be modelled as a simple resistance, and that the expansion chamber is 
large enough to present a sufficiently low impedance over the whole range of 
frequencies under consideration. It is considered that it may be difficult or 
impossible to tune the valve to provide a sufficiently low reflection over the whole 
frequency range in practice, particularly in view of the restrictor valve impedance 
results in section 6.2., which show significant deviation from the simple model.
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Fig. 3.1 ‘H y d ra u lic  T rom bone* T est Rig
Tuning Valve
V o l u m e
nlel
(Kitlet
Fig. 3.2 Reflectionless T erm ination
CHAPTER 4
MEASUREMENT OF PUMP FLOW RIPPLE AND 
SOURCE IMPEDANCE
In this chapter a new method is described for the measurement of the fluid-borne noise 
characteristics of positive displacement pumps. The method is based around the analysis 
of the standing wave characteristics in a rigid pipe.
Because of the complex nature of the standing wave within a pipe, it is not sufficient 
simply to measure the pressure or flow ripple at one point; in order to obtain a complete 
definition of the wave characteristics, more information is required. At any frequency, 
the pressure and flow ripple at any point along a pipe can be defined by the following 
equations:
It is necessary to know both of the complex coefficients F  and G . which represent the 
pressure waves travelling in either direction, in order to define the standing wave 
characteristics in the pipe (it is assumed that Z 0 and y  can be evaluated). These 
coefficients are not directly measurable; at any point in the pipe the measured pressure or 
flow ripple is the sum of the two pressure or flow waves. The two waves can be inferred, 
however, provided that at least two separate measurements (amplitude and phase) have 
been taken, which may be:
a) pressure ripple and flow ripple measurement at any point along the pipe
b) two pressure ripple measurements at different positions
c) two flow ripple measurements at different positions
The measurement of flow ripple is difficult: expensive techniques, such as hot wire probes
Px = Fe-v* + Ge>* . . . ( 4 .1 )
. . . (4.2)
- 3 7 -
or Laser-Doppler anemometry m ust be used [9] in order to respond to the high 
frequencies. Furthermore, these techniques may be intrusive to the flow and may affect 
the system characteristics. Pressure ripple can be measured more easily; high frequency 
pressure transducers are readily available and less expensive, and the techniques 
involved are much simpler and need not be intrusive. For these reasons, it is usual to use 
pressure ripple measurements exclusively [26,30].
Two different approaches may be used in the analysis of the standing wave from the 
pressure ripple data, and these will now be discussed.
4.1. The ‘Intensity' Method
This method is based upon a technique used in acoustic engineering for the measurement 
of acoustic intensity [45,46]. It involves the measurement of pressure ripple at two 
closely separated points, as shown in Fig. 4.1. This information is used to estimate the 
pressure and flow ripple at the intermediate point between the transducers. The pressure 
is assumed to be the mean of the measured pressures:
,>. _  PU +P D _ .
P  2 '  ■ •  •
The flow is assumed to be proportional to the gradient of the measured pressures:
n  • —  A  ( A / ~  Pp}
ja>p Ax • • * (4.4)
In fact the exact pressure and flow ripple values at the intermediate point are given by 
the following equations [45] (assuming frictionless pipes):
n Pu+P d 0) AxP  =  --------------   COS—- ,  A2 2c o . . . ( 4 .5 )
A Pu ~PD
Q = p c 0 . (dAx
2JSm * 7  • - - (4.6)
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Provided that 0)Ax/2c0 is small, the approximations of equations (4.3) and (4.4) are 
valid. This condition can be achieved by making the distance between the transducers 
small. At low frequencies, however, the values measured at each transducer may be very 
similar, making it difficult to obtain accurate measurements of the pressure gradient in 
order to determine the flow ripple. Results at low frequencies w ill tend to be inaccurate 
and be affected strongly by random measurement error and transducer calibration error. 
Thus the bandwidth for accurate results is severely limited. It can. however, be greatly 
increased by using the exact equations (4.5) and (4.6). These equations are valid for any 
value of o> Ax /2c 0, and so larger transducer spacings can be used thus improving the low 
frequency results.
The advantage of equations (4.3) and (4.4) is their simplicity. They can be implemented 
quite simply using analogue techniques in order to give a real time measurement of the 
pressure and flow ripple. However, in this work analysis is performed using a digital 
computer in which case the exact equations could easily be used.
4.2. The Standing Wave Method
As described in section 4.1., the approach used in the intensity method is to predict the 
pressure and flow ripple at the midpoint between two pressure transducers. An 
alternative is to define the standing wave in term s of the pressure wave in either 
direction, i.e. to calculate F  and G as defined in equations (4.1) and (4.2). This method 
is referred to as the ‘standing wave method’ and is. in effect, equivalent to the exact 
intensity method.
Having measured the complex pressure at two points x  x and x  2, then F  and G can be 
found by manipulation of equation. (4.1), i.e.
F  =
P 1e yX2- P 2e yXl
e - y { x x- x 2) _  e y ( x l - x 2)
G =
P le~yX2- P 2e ~yx1 
e - v U  j - x  2) _  e y ( *  i - x  2 )
. .  .(4 .7 )
. . .(4 .8 )
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Consider the simple system in Fig. 4.2. From equation (2.29), the pressure ripple at a 
position x  is given by
G =
= QSZSZq e -y + P re - - * ” -»>
Zs + Z 0 l —ps pr e~2yl
By comparison of equation (2.29) with equation (4.1),
p  _  % o _____1______
Zs + Z 0 1—ps pr e~2yl . . . ( 4 .9 )
& Z 5Z 0 Pr e~ 2H
Z5 + Z 0 1—ps pr e~2yl . . . ( 4 .1 0 )
c ~y(x2~ x i ) ^ 2
tt » _____ G  2vZ   ^*1 2>(Z—X j)Hence pT = — e = ---------------- — . e 1 .
P i  . . . ( 4 .1 1 )
Therefore it is possible to calculate the termination reflection coefficient, and hence the 
termination impedance, by measuring pressure ripple at two or more points along a pipe. 
If ps and Zs were also known, it would be possible to calculate the source flow ripple. 
However, ps or Zs cannot be calculated by this method, no m atter how many pressure 
transducers are used. The physical reason for this is that the effect of reflections at the 
source is to produce waves which travel in the same direction as the original wave from 
the source. These waves are indistinguishable from each other as they travel at the same 
velocity, so ps cannot be calculated, no m atter how well the standing wave form is 
defined.
More information is necessary to measure the source impedance and reflection coefficient. 
The technique used in the 'Hydraulic Trombone’ [26] and related methods is to alter the 
circuit dimensions or configuration physically during the course of a test. In theory, by 
changing the entry impedance of the system in this way, it is possible to calculate ps and 
Zs . However, this can be very prone to error in practice. This was countered in the 
Hydraulic Trombone technique by recording data for a large number of line lengths; this 
was tedious and could still be highly error-prone under certain conditions, as described 
in section 3.7.
In order to overcome the problems of methods such as the Extending Pipe Length 
technique, an alternative method is proposed, termed the 'Secondary Source’ method.
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4.3. The Secondary Source Method
The basis of this technique is to employ a secondary source of fluid-borne noise, situated 
at the termination of the simple system in Fig. 4.2. For the purpose of the analysis of 
fluid-borne noise, this becomes equivalent to the hydrostatic transmission system as 
described in section 2.10., Fig. 4.3(a). The system can then be analysed as the two sub­
systems in Fig. 4.3(b) and (c). Sub-system (ii) has as its termination the pump under 
test. The pressure ripple at any point due to the secondary source only is given by the 
equation
It is assumed that the fluid-borne noise from one source is separable from that from the 
other source. By analysing the standing wave characteristics of the pressure ripple from 
the secondary source alone, it is possible to calculate the source impedance ps . By 
analysing the pressure ripple from the pump under test, as in sub system (i), the 
termination reflection coefficient can be evaluated, and sufficient information becomes 
available to calculate the source flow ripple Qs . using the equation
This forms the basis of a technique for the measurement of the fluid-borne noise 
characteristics of positive displacement pumps. The technique can be split into two 
distinct sections:
a) measurement of the source impedance
b) measurement of the source flow ripple. This section also involves the 
measurement of the termination impedance, in order that the impedance 
characteristics of the system are fu lly  defined.
qS2z t Zq e -y»-*>+ps.-* '+ *>  
Zt +Z o l  —pT ps e ~2yl . .  . (4.12)
Qs  =
F ( Z s + Z 0X l - p s pTe - 2y‘ )
ZgZo
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4.3.1. Source Impedance Measurement
In order to measure Zs and ps , it is necessary to examine the pressure ripple generated 
by the secondary source. It is essential that this can be isolated from any pressure ripple 
from the pump under test. This condition can be achieved in two ways:
a) the pump under test is shut down. This is undesirable as it would be a change
in the working condition of the pump which may possibly affect the source
impedance characteristics.
b) the harmonic frequencies of the two sources are different (assuming that the 
pressure ripple from the secondary source is periodic).
Therefore, rather than shutting down the pump under test, it is necessary to ensure that 
the harmonic frequencies of the secondary source do not coincide with those of the pump. 
The data acquisition system must have sufficient frequency selectivity to be capable of 
rejecting the harmonic components produced by the test pump.
The experimental values of Zs thus obtained will be at frequencies which do not 
correspond to the harmonic frequencies of the pump under test. In order to evaluate the 
source flow ripple it is necessary to estimate the source impedance at those frequencies. 
This could be achieved by the following methods:
a) by interpolation between adjacent experimental Zs results.
b) by application of a suitable mathematical model to the experimental results, 
minimising the 'sum of squares’ error between the results and the model.
The mathematical modelling technique was employed since, provided that the form of 
the model was chosen so that the correlation between it and the experimental points was 
good, the technique would have the effect of ‘rounding off’ the effects of experimental 
scatter on the Zs measurements. Also, the model parameters could provide useful 
information about the effective discharge length and diameter of the pump.
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4.3.2. The Secondary Fluid-Borne Noise Source
The pressure ripple produced by this source must satisfy the following criteria:
a) it m ust have stable harmonic frequencies to permit accurate measurement.
b) it must contain measurable harmonics over a broad frequency band covering 
the band of pressure ripple generated by the pump under test.
c) it must not be 'swamped’ by the pressure ripple from the pump under test.
A number of different types of noise sources were considered. These were:
i ) Electromagnetic vibrator and piston mechanism.
This could have the benefit of a high degree of control over the input signal. It 
would be possible to apply a pure sinusoidal input which could be swept over a 
frequency band. Alternatively, a random or ‘PRBS’ (Pseudo-Random Binary 
Sequence) could be applied. This technique has been used with some success by 
Henderson et al [42]. However, the necessary hardware would be complex and 
expensive, and the frequency response might be rather limited.
ii ) Positive displacement pump or motor.
A ‘noisy’ pump or motor could be employed as a pressure ripple source. This would 
have the advantage of simplicity. The pump/motor would need to generate a broad 
harmonic spectrum: an axial piston unit might be ideal in this respect. A motor 
would have the advantage of not requiring a separate power supply as it could be 
driven by the flow from the pump under test; however, a pump would be more 
versatile as it would not be dependent upon the flow from the test pump.
Hi ) Pulse generator.
A rotary valve could be constructed to provide a bleed-oflF from the high pressure 
line during a small section of its revolution. This would produce a flow ripple 
consisting of a train of negative pulses of very short duration. Provided the 
duration of the pulses was very short compared to the cyclic period, the spectrum 
of such a signal would show a very large number of significant harmonics.
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Although the flow ripple would not be particularly controllable, this could be a 
very simple and effective solution.
Details of the pumps which were tested using the Secondary Source technique are given 
in appendix 1. The vast majority of pump tests were carried out using an axial piston 
pump as the secondary source. Pump ‘A’ was used in most cases as this was known to be 
especially noisy in terms of its flow ripple [26], with a broad harmonic spectrum, making 
it ideal in this respect. A spectrum of the pressure ripple produced by this pump in a 
typical circuit is shown in Fig. 4.4(a). The pump produces a spectrum consisting of 
reasonably strong and stable harmonics up to a maximum frequency of about 3500 Hz. 
In addition to the harmonics occurring at multiples of the pumping frequency, however, 
it can be seen that there are also harmonics at multiples of the shaft rotation frequency, 
w ith a fundamental of 25 Hz. These are most noticeable in the range of 1500 Hz to 3000 
Hz, and appear to be sidebands of the pumping frequency harmonics. They are caused by 
small differences between the pumping characteristics of individual cylinders. It was 
found, however, that these harmonics were not. in general, sufficiently strong or stable 
for use in the analysis.
When testing pump 'A ’ itself, pump *B’ was used as the secondary source.
Some tests were also performed using a pulse generator, which is described in appendix 2. 
The basic principle of operation of this device was to allow a periodic bleed-off from the 
high pressure line in order to produce a flow pulse of very short duration, occurring once 
every revolution of the shaft. The pulse generator was driven by a fixed speed electric 
motor running at 1500 rev/min. producing a fundamental frequency of 25 Hz. A typical 
pressure ripple spectrum generated using this is plotted in Fig. 4.4(b). As can be seen, 
there are many significant harmonics, measurable up to about 2000 Hz (80 harmonics). 
The frequency, amplitude and phase of these was found to be quite stable, except for the 
highest harmonics, so that accurate harmonic analysis was possible below about 1200 Hz.
The pulse generator was used for measurements in the relatively low frequency band of 
25 Hz to 1.2 kHz, and pump ‘A’ was used for measurements in the higher frequency 
band of 175 Hz to 3 kHz.
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4.3.3. Optimisation o f Test Rig Configuration
The potential accuracy of the proposed test is highly dependent upon the pipe length, the 
positioning of the pressure transducers and the pipe diameter.
4.3.3.1. Pipe Length and Transducer Spacing Optimisation
The longitudinal positioning of the pressure transducers relative to each other is critical 
to the analysis of the standing wave, and hence to the calculation of pT , ps , Zs and Qs . 
In order to produce good results, the configuration needs to be designed so tha t the 
prediction of the above is as insensitive as possible to errors in pressure measurements. 
Under certain conditions, small experimental errors can lead to large errors in the results, 
in which case the equations are said to be ill-conditioned. This situation needs to be 
avoided whenever possible.
For simplicity, consider just two pressure measurements, P i  and P 2, taken from 
transducers at positions x x and x 2. spaced Ax apart. Ignoring pipe friction,
P r ,  e ~ j t a x  2/c 0+ e  - j  u (2 l  - x  2)/c 0
- j  CJX ,/c - j  <o(2Z - x  1 )/c 0 ■ . . .  (4.14)
where H  2\ — pressure transfer function between points x 2 and x x.
If a small experimental error € is introduced into H 2l, such that
H e = H 21+e . . . (4.15)
and this produces an error 8 in the calculated reflection coefficient pT , such that
Pre — Pr +8 . . .  (4.16)
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then, for small € and 8
€ _  f f l 21 _  2e 2^ 6>//c° sin(o>Ax/c0)
5 dPr [ e ~J l/c e ~j w(2Z l)/c 0 ] 2 . . . (4.17)
where Ax = x 2—x  1 . . . (4.18)
thus —
[e~ jiaxl/c°+pTe ~j “(2i~xl)/c0 ] 2
e 2 sin (coAjc / c 0) . . . (4.19)
A large value of this expression implies that the value of pTe is very sensitive to 
experimental error. It is desirable that the value of the expression is small over the whole 
range of test conditions.
The denominator of (4.19) tends towards zero when gjAx / c 0-*mr,  where n is an 
integer. This implies that if the spacing between the transducers is approximately equal 
to an integer multiple of half a wavelength, large errors will be incurred in the 
calculation of pT . Such a condition is shown graphically in Fig. 4.5. It is clear that any 
number of standing wave forms can be superimposed upon the measured pressures.
This condition may be difficult or impossible to avoid when considering a range of test 
conditions and the broad frequency band involved. There are two possible solutions:
a) Position the transducers close together so that (i)Ax / c 0<w  over the whole 
frequency band. However, over the first few harmonics, sin(o>Ajc / c 0) will be small, 
and so large errors may be introduced at low frequency. This is a problem 
associated with the 'intensity' method [45].
b) Measure pressure at more than two points, with different spacing between each 
pair of transducers. By this means, the above condition can be avoided.
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Solution (b) was adopted for the experimental apparatus. Five transducers were used 
initially, the first three being 0.3 m apart and the last three being 0.7 m apart. The 
overall span of 2 m was chosen so as to be long'enough to measure the fundamental 
frequency characteristics with accuracy, while not being so long as to be unwieldy. The 
use of more than two transducers has the added advantage of smoothing out the effect of 
random or calibration error in the experimental results. Thus, more accurate results 
should be obtainable with several transducers. However, in general it then becomes 
impossible to fit an exact mathematical curve to the experimental data; because one is 
attempting to define two complex numbers (F  and G ) in terms of more than two 
complex data points, it is necessary to apply some form of ‘best fit' so that the modelled 
standing wave fits the data points as closely as possible. Appendix 3 describes an 
algorithm for a curve fitting method, which uses the criterion of minimising the sum of 
the squares of the absolute values of the error between the model and the data points. 
The reasoning behind providing two groups of equi-spaced transducers is described in 
section 7.1. In fact most of the later tests were performed using measurements from just 
three unequally spaced transducers. In this way less data were required and it was found 
tha t the decrease in the accuracy of the results was minimal.
4.3.3.2. Pipe D iam eter O ptim isation
The source impedance of the pump is calculated from the measured reflection coefficient 
Ps using the following equation:
If a small error 8 is introduced into the measured value of P s , as in section 4.3.3.1., such 
that
Zsor. putting z  = —  . ps = 
^o
z  — 1 
z  +1 . . . (4.20)
PSe ~  Ps +8 . . . (4.21)
and this produces a relative error £ in z . where
ze = z {  l+£). . . . (4.22)
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Differentiating (4.19), one obtains, for small £ and 8,
dPs _ _8_ 2
dz ( z + 1)2
hence 1 (z + 1)28 2 z
(4.23)
(4.24)
In order to obtain accurate values of Zs , the ratio l£/8 I should be as small as possible. 
This ratio is plotted as a contour map on the complex plane of z in Fig. 4.6. The graph 
demonstrates that, ideally, I Zs /Z 0 I = 0  dB, i.e. I Zs I = IZ 0 1, for minimum error in Zs . 
Obviously, however, this condition cannot be achieved at all frequencies w ith several 
different pumps, so Z 0 was chosen to be approximately equal to the geometric mean of 
the expected range of Zs to be encountered.
From results obtained by other researchers [26,32], I Zs I typically ranges from 165 dB 
(0 dB = 1 Ns/m 5) to 210 dB. A pipe internal diameter of 20 mm was chosen, for which 
IZ 0 1 552 4X109 Ns/m 5 22 190 dB for mineral oil.
43 .4 . D escription o f H ydraulic C ircu it
Fig. 4.7 shows a schematic diagram of the hydraulic circuit employed for the testing of 
pumps ‘B \ 'C \ 'D’ and *E\ The pump under test was driven by a variable speed 
hydrostatic transmission [47]. The prime mover for this was a 110 kW  electric motor 
w ith a nominal speed of 1470 rev/m in, which drove a large variable capacity axial piston 
pump, maximum capacity 166 cm3/rev. The pump swash was controlled using a 
servoactuator system with a manual demand input from zero to fu ll swash. This pump 
powered a fixed capacity axial piston motor (78 cm3/rev ) which in tu rn  drove the pump 
under test. A large Holset viscous damper was mounted on the shaft to help damp out 
any speed fluctuations in order to improve the accuracy of harmonic pressure ripple 
measurement. The hydrostatic transmission was run in a simple uni-directional closed 
loop configuration, with a boost pressure of 17 bar provided by a gear pump driven by a 
separate 11 kW electric motor. Another gear pump, driven by the same motor, was 
available to provide a boost supply for the pump under test and the secondary fluid- 
borne noise source, when necessary. Using the swash control, it was possible to vary the 
output speed from 0 rev/m in to 3,000 rev/m in, within about ± 15 rev/min.
The working temperature of the oil was controlled by a thermostatic valve in the water
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supply to the oil cooler. It was possible to maintain the temperature within ±2° C of the 
required value.
4.3.4.1. Measurement Section
The pump under test fed directly into a straight length of tungum alloy pipe. Along the 
length of this pipe were mounted five pressure transducers, fitted so that their 
diaphragms were flush with the inside wall of the pipe. This length of pipe and its fitting 
w ith the pump under test formed the part of the system where the standing wave was 
analysed; it was therefore crucial that there were no flow obstructions, side branches or 
pockets which could affect the results, particularly at the pump-pipe union. Care was 
taken to prevent the formation of pockets of trapped air.
The loading circuit and the secondary generator were mounted at the other end of the 
measurement section. Loading was effected using a simple restrictor valve. A relief valve 
was fitted for safety purposes; the cracking pressure was set well above the normal 
operating pressure to prevent any stray mechanical oscillations or instability which 
could adversely affect the results. A pressure gauge was also fitted at this point. Flow 
from the loading valve then passed through a positive displacement flowmeter and 
returned to tank through an oil cooler.
Pump ‘A’ was also fitted at this end of the measurement section, as the secondary 
generator. It was driven using a 18.5 kW  electric motor, running at a nominal fixed speed 
of 1470 rev/m in. This was found to provide an extremely stable shaft speed (within ± 
0.1 % at any operating condition), thus facilitating accurate harmonic measurement of 
pressure ripple.
A toothed disc w ith a number of teeth equal to the number of pumping elements was 
fitted to each pump shaft. In conjunction with magnetic proximity detectors, these 
provided a pulse signal at a reference frequency equal to the fundamental frequency of 
the pump.
When testing pump ‘A’ the configuration was reversed so that pump ‘B’ was the 
secondary source.
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4.3.5. Instrumentation
A schematic diagram of the instrum entation is shown in Fig. 4.8.
4.3.5.1. Pressure Transducers
The pressure ripple was detected using miniature piezo-electric pressure transducers. 
These devices have a very small diaphragm, only 4 mm across, such tha t any pressure 
variations across them can be considered negligible. The output from these transducers is 
an electric charge in response to a pressure change, this charge rapidly leaking away in 
practice, with the result that, in effect, they exhibit the response of a high pass filter and 
cannot measure mean pressure. This is in fact advantageous as it prevents a large d.c. 
offset being present on the output due to the mean working pressure of the system. They 
have a specified natural frequency of 67 kHz, which is well in excess of the frequencies 
considered.
Each pressure transducer was used in conjunction w ith a charge amplifier and the 
connections from transducer to amplifier were kept short, using suitable low-noise cable. 
The outputs from the charge amplifiers were multiplexed so that any particular signal 
could be selected, using relays so as not to degrade the signal.
4.3.5.2. Frequency Response A nalyser
Harmonic analysis of the pressure ripple signals was initially performed using a digital 
Frequency Response Analyser (‘FRA’)- In its normal application, this instrum ent is used 
to input a known sinusoidal signal to a system and the system response is recorded. In 
the measurement of pressure ripple, however, external excitation of the system was not 
necessary or possible as the pump provided the necessary excitation. In order to operate 
in this situation, a synchronisation signal was required in order to ‘lock’ the FRA onto 
the pressure ripple fundamental frequency. This synchronisation signal was provided by 
the toothed wheel and proximity detector on each of the pump drive shafts.
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The signals from the proximity detectors were multiplexed according to which pump 
pressure ripple was being analysed, and the resultant passed through a Schmitt trigger, to 
provide a clean pulse. To provide a more stable trigger frequency for the FRA, this pulse 
was then passed through a phase-locked loop before it was fed into the FRA 
synchroniser.
The FRA employed was a dual channel device, capable of analysing either one single 
signal (ch i or ch2) or the transfer function between two signals (ch2/chl). It was found 
tha t the transfer function between the pressure signal from two transducers could be 
measured with greater stability than single channel measurements. This was because any 
small fluctuations in pump speed or random variations in the pump flow ripple would 
manifest themselves in the signals to both channels and be cancelled out. One pressure 
signal was thus routed to channel 1 to act as a reference for transfer function 
measurements with the other pressure signals, which were multiplexed and routed to 
channel 2 .
In the calculation of pT , ZT , ps and Zs , transfer function measurements were sufficient 
(Eqn (4.11)). However, to calculate Qs . single channel measurements were necessary. A 
reference signal was required against which the phase of the signal could be measured; 
this was derived from the signal obtained from the magnetic pick-offs on the pump 
shafts. Instead of being passed through the phase-locked loop, however, the signal was 
passed through a pulse shaper which formed it into a train of very narrow positive 
pulses. The Fourier transformation of such a signal produces a cosine spectrum where all 
the harmonics have zero phase over the frequency range of interest. Therefore, by 
evaluating the phase transfer function between the pressure ripple and the pulse 
waveform, a cosine spectrum was produced. The phase reference pulse signal was not 
passed through the phase-locked loop as this was found to give more consistent results; 
any small, rapid frequency d rift in the pressure ripple would also manifest itself in the 
pulse, thus partially cancelling out any phase error.
The accuracy of the pressure ripple readings was found to be very dependent upon the 
length of time over which each signal was analysed by the FRA. The optimum analysis 
period was essentially a compromise governed by the following factors:
a) Frequency selectivity. The capability of the FRA to isolate the required harmonic 
and reject other components of the signal increased with the analysis period. 
Provided that the analysis was performed over an integral number of fundamental 
cycles, any signal components in the same harmonic series as that being analysed 
would be totally rejected. However, any other components could affect the results.
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b) Tolerance of shaft speed variation. Over a long analysis period, any speed 
variation could cause a loss of synchronisation between the FRA and the system.
It was found experimentally that the best results were obtained by analysing over a 
large number of cycles for transfer function measurements (typically 200 cycles of the 
fundamental component. 400 second harmonic cycles, etc.) and a small number of cycles 
for absolute measurements (typically 10-20 cycles of the fundamental). An integer 
multiple of the number of pumping elements was taken at all times in order to 
compensate for any differences between individual pumping element characteristics. 
Readings at the lower harmonics were found to be much more consistent than readings at 
the higher harmonics; this was to be expected as;
a) Lower harmonics tended to have higher amplitudes than higher harmonics.
b) Small variations in pump speed may be insignificant at lower harmonics but 
very important at higher harmonics. For example, a 1 Hz drift in the fundamental 
frequency would be equivalent to a 16 Hz drift at the 16th harmonic. Over a long 
analysis period this could produce a significant phase change between the pressure 
ripple and the synchronisation waveform.
Increased accuracy could also be obtained by taking a number of measurements and 
calculating the arithmetic mean.
Some problems were encountered w ith the use of the FRA for the measurement of high 
frequency harmonics; it was sometimes found difficult or impossible to obtain accurate 
measurements above about 600 Hz. This was believed to be due to inaccuracies in the 
synchronisation between the FRA and the shaft reference signal. For this reason, a 
Digital Spectrum Analyser ('DSA') was used as an alternative to the FRA for a large 
number of the experimental tests. This was found to give more consistent results for a 
larger number of measured harmonics.
The DSA was operated in a similar manner to the FRA. Transfer function measurements 
were employed where possible. The start of the sampling period of the DSA was 
triggered using the phase reference signal; in this way, single channel phase 
measurements would automatically be calculated relative to this reference. The DSA had 
a versatile averaging facility, by which a number of different sets of readings could be 
averaged in several modes. The ‘time averaging’ mode was employed in this case, in 
which the mean of a number of different samples was calculated prior to the Fast Fourier 
transformation. In this way any signal components not synchronous w ith the reference
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signal would be averaged out, resulting in improved harmonic selectivity.
4.3.6. Computer Control o f Data Acquisition
The data acquisition procedure was controlled automatically using a microcomputer. 
Because of the large amount of data to be acquired, such automatic control was essential; 
manual control would have been time-consuming and prone to error. The microcomputer 
performed the following functions.
a) Remote control of the FRA or DSA, via an IEEE 488 General Purpose 
Instrumentation Bus CGPIB’).
b) Storage of data from the FRA or DSA on disc.
c) Control of the two multiplexers in order to switch the pressure signals and the 
pulse signals. Although the control signals were binary, they were obtained from 
Digital-Analogue Converters, since these were the most convenient output from the 
computer. The DAC's were programmed to output either +5V or -5V. One DAC 
was used for each control channel; thus three DACs were required to control the 
five pressure ripple channels (giving a maximum number of signal channels of 8) 
and one DAC only was required to control the two pulse channels.
The data acquisition stage was found to be very critical to the accuracy of results; hence 
a precise and systematic data acquisition programme was developed. The test procedure 
consists of two separate stages; the source impedance and the flow ripple are evaluated 
from independent tests.
4.3.7. Data Acquisition for Source Impedance Calculation
In order to determine the source impedance of the pump under test, pressure ripple from 
the secondary generator m ust be considered. As stated previously, it may or may not be 
necessary to run the test pump at this stage, but the pressure ripple from the test pump 
is not considered in this test.
The system was first run at the required operating conditions for at least half an hour, 
by which time the fluid temperature should have stabilised, and any trapped air should 
have been flushed out. Transfer function measurements of the pressure ripple from the 
auxiliary pump were then recorded for the required number of harmonics.
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4.3.8. Data Acquisition for Flow Ripple Calculation
For this test, the secondary generator was not required. Single channel harmonic pressure 
ripple measurements were required to determine the source flow ripple. It should be 
noted that the termination reflection coefficient is not explicitly required for the pump 
parameters, but must be calculated in order that the transmission line equation may be 
solved to find the flow ripple. It could be calculated using the absolute pressure ripple 
measurements (in a similar way to the source reflection coefficient), but could be 
calculated more accurately using transfer function measurements. Hence, both transfer 
function and single channel pressure ripple readings were taken of the pressure ripple 
from the test pump.
On completion of the test, the data were transferred to a mainframe computer for data 
reduction.
4.3.9. Modelling the Source Impedance Characteristics of a Positive 
Displacement Pump or Motor
For the purpose of fluid-borne noise analysis, a positive displacement pump or motor is 
norm ally modelled as a source flow ripple in parallel w ith a source impedance, this being 
the hydraulic equivalent of Norton’s model as used in electrical engineering to model 
current sources. Both the source flow ripple and the source impedance have a strong effect 
upon the pressure ripple generated in a system; indeed, the pressure ripple is directly 
proportional to the source flow ripple. The relationship between the source impedance 
and the pressure ripple is, however, less simple and is dependent upon the system 
characteristics. Thus there is no hard and fast rule as to w hat the source impedance 
characteristic should be for the pump to be quiet with regard to fluid-borne noise.
The proposed test method requires that an accurate model for Zs should be developed in 
order that Qs can be determined precisely over a wide bandwidth. The source impedance 
may be dependent upon a number of factors, some of which may be insignificant. These 
factors include:
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a) the geometry of the discharge passageway.
b) the fluid properties (density, bulk modulus and viscosity).
c) the pump leakage.
d) the compliance of the pump casing.
e) air release and/or cavitation effects in the fluid.
It was shown by Edge [32] and Davidson [48] that the main factor affecting the source 
impedance in the frequency range of interest is the compressibility of the fluid contained 
within the pump. Thus, Zs may be considered as a capacitance, i.e.
Z* = - f Z v -  ■ ■ ■ (4.25)
Edge [32] and Davidson [48] found that the effective contained volume, inferred from the 
source impedance, tended to be significantly greater than the volume which could be 
physically measured by filling the pump discharge port with oil and measuring the 
capacity. This may be due to pump casing compliance or air relase or cavitation, all of 
which would tend to reduce the effective bulk modulus of the oil. Such effects tend to be 
unpredictable, so any attempt to evaluate the source impedance theoretically by 
measurement of the volume could be highly inaccurate.
At higher frequencies the inertance of the fluid in the discharge passageway becomes 
significant, and the lumped parameter approximation is no longer valid, so it is necessary 
to take distributed parameter effects into account. The inertial effect is strongly 
dependent upon the cross-sectional area of the passageway. In a real case, this cross- 
sectional area is not constant but there may be several changes in section along the 
length. In order to obtain a viable model it is necessary to simplify this, and it is 
proposed that the discharge passageway should be considered as an equivalent length of 
uniform cross section. Leakage may be assumed to take place at the end of this 
passageway. Neglecting viscous effects in the fluid, it can be shown that the impedance of 
such a model is described by the equation
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Zc = z Op
l+pL e 2 J u }1p I c o
l - p L e~2J^ /Co . . .  (4.26)
where
pc o
z °f A . . . (4.27)
Ap and lp are the effective cross-sectional area and length respectively.
Pl =
ZL - Z Op
Z T +Z Op . . . (4.28)
ZL is the pump leakage impedance. It can be shown (section 6.2.) tha t ZL can be 
estimated by:
Z 7 = nP
Q le a k a g e . . . (4.29)
where n — 1 for laminar leakage flow. For a typical pump under normal operating 
conditions. ZL 25 100 Z Qp, in which case pL 22 +0.98. Thus leakage is unlikely to have 
any significant effect upon the source impedance, and may be ignored. Equation 4.26 then 
simplifies to:
Z< = Z Op
1 + e ~ 2 J o > lp /c0 
l —e ~2j “V c o
Op
j  tan (coL /c  0)
. . . (4.30)
This model is compared with non-dimensional experimental results obtained by previous 
researchers [32] on a number of pumps in Fig. 4.9. The correlation between model and 
experimental results is much better than would be achieved using a lumped parameter 
model, especially at higher frequencies, though there are still discrepancies, particularly 
at the ‘troughs’ (anti-resonances) and ‘peaks’ (resonances) in the model, where the phase 
changes from —90° to +90° and vice versa. The experimental points appear to show some 
rounding of the amplitude and phase curves at these points, indicative of a ‘damping’ 
effect.
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4.3.9.1. Modified Model Taking Distributed Friction Into Account
In reality the discharge passageway of a pump is not a uniform pipe, but contains bends 
and changes in section. Frictional losses are likely to be higher than those of an 
equivalent uniform pipe. A model was developed to take into account distributed viscous 
losses.
A number of additional assumptions were made in this model. They were:
a) the resistance coefficient is constant along the length of the passageway (i.e. 
uniformly distributed friction).
b) the resistance coefficient is independent of frequency. In the case of laminar 
flow in a uniform rigid pipe, the resistance coefficient is in fact strongly dependent 
on frequency (section 2.2.). However, in this case the passageway is not uniform 
and the relationship between frequency and resistance is not known.
c) the phase velocity is independent of frequency, i.e. c = c 0.
d) leakage effects are ignored.





. .  . (4.31)
Ct)where y  = -1 f a
c o . . . (4.32)
<7 -  (*0 
Zop "  a T
i + -
ac,
. .  . (4.33)
This model has the general form shown in Fig. 4.10. It can be seen that the inclusion of 
resistance has the required effect of providing 'damping' and rounding off the resonant 
and anti-resonant points.
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At low frequency, provided that a  is small,
tanh (ylp ) ylp
Z 0in which case, Zs
y h
_  pc02 _  B
A p jo)lp ju iV p '  . . . ( 4 .3 4 )
Hence, at low frequency, the model tends towards a simple capacitance.
A mathematical curve fitting algorithm for applying this model to experimental results is 
described in appendix 4.
4.3.10. Referral o f the Source Flow Ripple w ith in  the Pump
It is generally assumed that the fluid-borne noise characteristics of a positive 
displacement pump or motor can be modelled as a Norton equivalent of a flow ripple in 
parallel w ith an impedance. Using this representation, the flow ripple is implicitly 
assumed to be generated at the outlet of the pump. This is not an accurate model of a real 
pump, in which the flow ripple generating mechanism is situated some distance inside the 
pump discharge passageway. The exact position of the source will vary with the type of 
pump, and in practice the flow ripple may be produced over a finite region rather than a 
single point. For example, in a gear pump the flow ripple is produced mainly in the 
meshing region, which is a line extending across the width of the gears. Similarly, for an 
axial piston pump, the flow ripple is generated in several regions; the backflow (2.1.1.) is 
generated at the end of the discharge port of the portplate, whereas the kinematic ripple 
emanates from  within each cylinder in the discharge region. If, however, the region of 
flow ripple generation is small then Qs can be considered to emanate from a single point. 
It is assumed here the Qs is generated at the end of the discharge passageway.
Consider, then, the two pump models shown in Fig. 4.11. Fig. 4.11(a) is the standard 
‘Norton’ representation, whilst Fig. 4.11(b) represents the modified model, in which the 
flow ripple. Qs*. occurs at the end of the discharge passageway. It is assumed that the 
discharge passageway is represented as in the source impedance model, i.e. as a uniform 
pipe with friction, w ith leakage effects ignored.
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Now, for the standard model,
Qo ~
Qs Zs  
Zc +Zi . .  . (4.35)
where Zs — Optanh ylf (4.36)




cosh ylp Z Qp sinh ylp 
1/Z Op sinh ylp cosh ylp
P  o 
Qo . . . (4.37)
and, since P 0 — ZEQ 0,
Qs  =  Qo
ZEcosh ylp + —— sinh ylp 
Z qp . . . (4.38)
Substituting (4.35) and (4.36) into (4.38), 
Qs =  Qs cosh ylp . . . .  (4.39)
Thus there is a direct relationship between the flow ripple modelled at the pump exit and 
that a t the end of the discharge passageway. The factor cosh ylp is dependent on the 
‘equivalent length’ of the passageway, and this can be determined directly from the 
model of the source impedance. Therefore it is possible to refer the flow ripple within the 
pump w ithout any knowledge of its internal dimensions, provided that a distributed 
parameter model can be applied to Zs . The source impedance is the same for both flow 
ripple representations.
The effect of referring the source flow ripple inside the pump in this way is discussed in 
section 5.2.1., for typical test results on pump ‘A’.
It m ust be concluded that a more realistic representation of the flow ripple can be 
achieved if it is referred inside the pump in the above manner. If, however, the pump 
does not generate significant high frequency flow ripple harmonics, as for example in the 
case of a gear pump, then the referral will have little effect on the flow ripple.
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. 4.1 Arrangem ent of Pressure Transducers fo r In tensity  M easurement
1
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Pump 1 Pump 2
(a) Simple hydrostatic system
(b) Sub-system (i)
(c) Sub-system (ii)
Fig. 4.3 Analysis of H ydrostatic Transmission System
(a) Typical pressure ripple harmonic spectrum from pump A'

















(b) Typical pressure ripple harmonic spectrum from pulse generator
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Fig. 4.5 Possible Pressure Standing Wave Profiles Predicted by Pressure
Ripple M easurements from  Tw o Transducers Spaced Half  a W avelength Apart
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Fig. 4.7 Schematic Diagram of Hydraulic  Circuit fo r  Secondary Source Test
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Fig. 4.10 Source Impedance Model w i th  D istributed Friction
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CHAPTER 5
RESULTS OF PUMP TESTS USING THE 
'SECONDARY SOURCE' TECHNIQUE
The ‘secondary source’ method, as described in chapter 4, was applied to the experimental 
testing of the fluid-borne noise characteristics of a number of different positive 
displacement pumps. A wide range of pump types was tested, in order to assess the 
performance of the test technique over a range of conditions. These included axial piston 
pumps, external gear pumps and a vane pump. The details of these are listed in appendix 
1.
The test method consists of two separate parts, for the measurement of (a) the source 
impedance and (b) the source flow ripple. In this chapter, the source impedance results 
for all the pumps tested are presented and discussed first, followed by the source flow 
ripple results. In all the source flow ripple results it is implicit, unless stated otherwise, 
that the flow ripple is referred inside the pump using the method described in section 
4.3.10. Because of the large number of tests performed, only representative results are 
included.
5.1. Results o f Source Impedance Tests
Except for pump ‘A’, the pumps under test were driven by the variable speed hydrostatic 
transmission. Unless otherwise stated, pump ‘A’ was used as the secondary noise source.
5.1.1. Pump ‘B* - Fixed Capacity Axial Piston Pump
Tests were performed on this pump at a wide range of shaft speeds and mean pressures. 
The pump was fed from a boosted supply, with an inlet pressure of approximately 10 
bar.
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Some representative source impedance results are presented in Fig. 5.1, at a mean 
pressure of 100 bar, for a range of shaft speeds. Least squares curve fits, based on a 
distributed parameter model with friction (section 4.3.9.1.) are superimposed upon the 
results.
As can be seen, the experimental results show reasonably good correlation with the 
model, particularly at low frequencies. In each case, below about 1 kHz the impedance is 
of a capacitive nature, and there is little deviation from the model. An anti-resonance, at 
which the amplitude of the impedance reaches a minimum and the phase switches from 
—90° to +90°, is apparent in each case. The frequency of this anti-resonance shows some 
variation between the individual test conditions, from approximately 1.4 kHz with the 
pump running at 1900 rev/m in, to 2.1 kHz with the pump stationary. The reason for 
this variation is not known, but it is believed to be due to cavitation occurring within the 
pump discharge passageway at the higher pump speeds, reducing the effective bulk 
modulus and decreasing the effective length of the discharge passageway.
Correlation between the experimental points and the model is less good at high 
frequencies than at low frequencies. This may be due to experimental error, which is 
expected to be more severe at high frequencies. However, it may also be due to the 
assumptions made in the model, in that the complex geometry of the discharge 
passageway of the pump, while not being significant at low frequency, may have an 
effect on the measured impedance at high frequency.
Fig. 5.1(d) shows a typical source impedance plot using the pulse generator as the 
excitation source. In this case the bandwidth of the available harmonic data was such 
tha t it was not possible to produce reliable results above about 1 kHz. It can be seen that 
the results show good correlation with the simple capacitive model.
5.1.2. Pump *A’ - Variable Displacement Axial Piston Pump
In this case pump ‘B’ was used as the secondary noise source. A typical source impedance 
result is shown in Fig. 5.2.
The source impedance characteristics of this pump show a marked difference to those of 
the previous pump (pump 'B')- The same distributed parameter model is applied to the 
results in this case, and it is apparent that the impedance is almost purely capacitive over 
the whole of the frequency range. This may be explained by the fact that pump 'A' is 
very much more compact, such that its effective length is short and the anti-resonant
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frequency is high, above the measurable frequency range. The smaller discharge 
passageway volume in this case means that the amplitude of the source impedance is 
much higher at low frequencies, being approximately 14 dB higher than that of pump ‘B’ 
at any frequency below 1 kHz.
The results for this pump show a considerable degree of scatter. This is due to the fact 
that pump 'B’ was not a particularly good source of noise, because:
a) It was driven by the variable speed hydrostatic transmission, which did not 
provide a very stable speed.
b) It did not produce such a broad band of fluid-borne noise as pump ‘A’, so that 
it was difficult to obtain accurate measurements above 2 kHz.
5.1.3. Pumps *C* - External Gear Pumps
Tests were performed on a number of similar units. Typical results, for different units at 
the same operating conditions, are presented in Fig. 5.3. Correlation between the 
experimental points and the model is considered to be good at low frequency (below 1.5 
kHz) and less good above this frequency.
A small but noticeable phase advance, relative to the model, is observed in Fig. 5.3(c) at 
low frequency. This effect is not apparent in Figs. 5.3(a) and (b), in which the phase 
remains close to —90°. This pump was found to be fau lty  and had a low volumetric 
efficiency. The effect of this was to cause the magnitude of the reflection coefficient at the 
internal end of the discharge passageway to be significantly less than unity, so that at 
low frequency the phase of the source impedance tends towards zero.
5.1.4. Pumps ‘D* - External Gear Pumps
Two similar units were tested, designated as pump *D1’ and pump *D2\ The only 
difference between the two was in the design of the relief grooves in the thrust plates. 
Typical experimental results are shown in Fig. 5.4. Little overall difference is observable 
between the impedance characteristics of the two pumps. However, it can be seen that 
there is a significant degree of scatter between the experimental points and the modelled 
curves.
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At low frequencies the experimental results for both pumps show a distinct phase 
advance relative to the model. This is similar to the effect observed with the faulty  pump 
*C\ which was due to its high leakage. However, in this case it was found that the 
leakage flow was far too small for it to have any significant effect on the source 
impedance. A similar effect can be observed in the results for pump 'A* (Fig. 5.2).
Tests were also performed on pump 'D2' using the pulse generator as the secondary noise 
source, and a result is presented in Fig. 5.4(c). It can be seen that the data points show 
very little scatter. The overall correlation between the results obtained using the two 
different sources is very good. A marked peak in the phase response, with a 
corresponding trough and peak in the amplitude response, is apparent in Fig. 5.4(c) 
between 1 kHz and 1.5 kHz. This effect can also be seen on the results obtained using 
pump ‘B’ as the auxiliary generator. Fig. 5.4(a) and (b). although it is less clear because 
of the wider spacing between the data points. This effect cannot be taken into account by 
the simple distributed parameter model, and may be caused by complexity of the 
geometry of the discharge passageway, or possibly by mechanical vibration of the 
internal parts, such as the gears or the thrust plates.
5.1.5. Pump ‘E* - Balanced Vane Pump
A typical source impedance characteristic obtained from this pump is shown in Fig. 5.5. 
Good correlation is apparent between the experimental results and the modelled curve up 
to 1700 Hz. However, above this frequency correlation was found to be less good. A 
resonance is apparent in the results at about 3.7 kHz.
5.2. Source Flow Ripple Experimental Results
5.2.1. Pump ‘A' - Axial Piston Pump
Experimental tests were performed on this pump at a wide range of load pressures and 
swash settings. Some typical source flow ripple waveforms, at fu ll swash, for load 
pressures between 20 bar and 145 bar, are presented in Fig. 5.6. The corresponding 
harmonic spectra are presented in Fig. 5.7. These results conform well to the form which 
would be expected from an axial piston pump as described in section 2.1.1., the 
predominant feature being the sharp backflow which occurs once per pumping cycle. The 
amplitude of this backflow increases with the load pressure, which is as would be
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expected, as the volume of additional fluid necessary to compress the fluid within the 
cylinder is proportional to the pressure difference across the pump.
An oscillation is apparent in the flow ripple after the backflow spike. It is possible to 
discern the ‘kinematic’ ripple which is periodic at twice the pumping frequency, as 
described in section 2.1.1. It is apparent tha t this is a small effect, and can only be seen 
clearly at low load pressures, as it is masked by the effect of the backflow at higher 
pressures.
Considering the harmonic amplitude spectra shown in Fig. 5.7, it can be seen that this 
pump produces a large number of significant harmonics. The corresponding phase spectra 
are shown in Fig. 5.8. At first sight these phase plots appear rather complex. However, 
the phase in these plots is limited to the range of —180° to +180°. If it is ‘unwrapped’ by 
removing these constraints then the form of the characteristics can be simplified to a 
phase advance which increases consistently w ith frequency, as shown in Fig. 5.9(b). It 
can be seen that there is an approximately linear relationship between phase and 
frequency, of the form
4>(g>) = 7r+a>T+£(<i>) • . • (5.1)
where £ represents small deviations from the linear relationship.
or. QS M  = l(2s le j *(o>) = \Qs \e *"e>aTe . . . ( 5 .2 )
The e ju>T term represents a pure time advance T. This is a function of the angular 
position of the phase reference and can be ignored w ithout affecting the form of the flow 
ripple. The phase can then be represented by
0(a>) = 7t+£(g)), • • • (5.3)
as shown in Fig. 5.9(c). This demonstrates that the phase of the source flow ripple from 
an axial piston pump, while appearing to be complex, can be greatly simplified by 
shifting the phase reference. Fig. 5.10 shows the harmonic phase spectra for pump ‘A’, 
corresponding to those shown in Fig. 5.8, after shifting the reference in this way.
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The above results were obtained using data obtained from three pressure transducers 
separated by distances of 0.7 m and 1.0 m. The effect on the measured source flow ripple 
of using just two transducers, spaced 0.3 m apart, can be seen by considering Fig. 5.11(a) 
and (b). By comparing the harmonic spectra, it is clear that the use of only two 
transducers leads to large deviations in the region of 2.2 kHz to 2.6 kHz. This is apparent 
as a large oscillation on the flow ripple waveform. This corresponds to the condition 
where the transducers are separated by a distance of approximately half of a wavelength 
(see section 4.3.3.1.).
The effect of referring the source flow ripple to a point inside the pump at the end of the 
discharge passageway can be seen by comparison of Fig. 5.11(a) w ith Fig. 5.11(c). In Fig. 
5.11(c). in which the flow ripple is not referred inside the pump but is measured at the 
pump exit, an extreme oscillation is apparent in the waveform with a corresponding peak 
in the amplitude spectrum at about 2.5 kHz. This peak corresponds to the anti-resonant 
frequency of the pump source impedance. It is apparent that if the flow ripple is not 
referred inside the pump then severe distortion can occur in the results.
5.2.2. Pump ‘B’ - Axial Piston Pump
Tests were performed on this pump at a range of mean load pressures and shaft speeds. 
Flow ripple waveforms and amplitude spectra are shown in Fig. 5.12 and 5.13 for a 
range of load pressures at a speed of 1500 rev/min. It can be seen that the source flow 
ripple of this pump is fundamentally similar to that of pump ‘A’ and shows all the 
characteristic features of axial piston pumps, these being a small amplitude kinematic 
ripple (apparent at low mean pressures), a sharp backflow and an oscillation after the 
backflow. The oscillation is rather more severe for this pump than for pump ‘A’.
For both axial piston pumps 'A ’ and ‘B’, the amplitude of the backflow can be seen to 
increase with pressure. The relationship between the amplitude of the backflow and the 
mean load pressure is plotted in Fig. 5.14(a) for pump ‘A’, with the pump at half swash 
and full swash. It can be seen that there is an approximately linear relationship between 
the amplitude and the pressure difference across the pump (load pressure — boost 
pressure). The gradient w ith the pump at half swash is slightly less than that at fu ll 
swash. This might be expected as the volume contained in the cylinder at bottom dead 
centre increases with swash angle. The equivalent graph for pump 'B' at 1500 rev/min is 
shown in Fig. 5.14(b). Again the relationship is approximately linear.
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5.2.3. Pumps ‘C* - External Gear Pumps
Several pumps with minor differences in design were tested, as part of a project to assess 
the effect of a number of modifications on the source flow ripple, in order to develop a 
low noise pump. Findings from this project were described in detail by Molton [4].
Representative results from two different pumps at 1500 rev/m in and 90 bar are shown 
in Fig. 5.15. Fig. 5.15(a) shows the flow ripple for a 9 tooth pump of 14.8 cm3/rev  
displacement, and Fig. 5.15(b) shows it for a 12 tooth pump of 16.1 cm3/rev 
displacement. Theoretical waveforms, predicted using equation (2.2), are also shown. It 
can be seen that there is reasonable correlation between experimental results and 
theoretical models, particularly in terms of the peak-to-peak values, although there is 
some distortion of the experimental waveforms. The experimental harmonic amplitude 
spectra exhibit dominant fundamental components with higher harmonics decaying 
rapidly and smoothly with frequency.
5.2.4. Pump ‘Dl* - External Gear Pump
Typical experimental results, at a speed of 1000 rev/m in and mean outlet pressures of 25 
bar, 50 bar and 100 bar, are shown in Figs. 5.16 and 5.17, together w ith the flow ripple 
predicted using the theoretical model. Correlation between the experimental results and 
the theoretical model is poor. The amplitude of the experimental results is significantly 
less than that of the model, and the shape of the curves is distorted. Although the peak- 
to-peak amplitude of the experimental results is less than that of the model, there are 
increased higher frequency harmonics, which may be undesirable in practice. There 
appears to be some pressure dependence in the results, w ith strong oscillations apparent 
in Fig. 5.16(b).
The deviations from the theoretical model may be due to the non-standard relief groove 
geometry, which is shown in Fig. 5.18(a). The relief grooves project further towards the 
centre line than the ideal grooves as used in the model. It is thought that the peripheral 
chamfers, by causing a sudden pressure increase in the fluid, may cause a backflow effect 
similar to that encountered with piston pumps, which might partly  explain the pressure 
dependence of the flow ripple.
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5.2.5. Pump ‘D2f - External Gear Pump
Typical source flow ripple results for this pump are shown in Figs. 5.19 and 5.20. As 
with pump ‘DT, the experimental peak-to-peak values are less than those predicted from 
the simple model. The results show some pressure dependence, the amplitude increasing 
with the mean pressure.
The side plate geometry is shown in Fig. 5.18(b). This pump has no peripheral chamfers, 
and the high frequency 'ringing’ which was apparent in the results for pump ‘DT does 
not occur in this case. There is only one relief groove, which is on the discharge side, and 
this extends further towards the centre than the ‘standard’ relief groove on which the 
model is based. It would be expected that this pump’s relief groove design would lead to 
a flow ripple significantly worse than that predicted by the model. The reason why this 
pump produces a lower flow ripple than the model is unclear.
5.2.6. Pump ‘E* - Balanced Vane Pump
Typical results are presented in Fig. 5.21. for this pump, running at a speed of 1500 
rev/m in, at different load -pressures. Both harmonic amplitude spectra and time domain 
waveforms are presented.
Considering the harmonic spectra, it can be seen that the first 6 to 8 harmonics are strong, 
and there is very little information above the tenth harmonic. In all cases, the second 
harmonic is the strongest.
The flow ripple waveforms show a number of features, the most striking being the 
narrow negative pulse, the amplitude of which increases w ith the load pressure. This 
pulse is caused by the sudden compression of the fluid being pumped as it comes into 
contact with the high pressure port. This is very similar to the effect which occurs in 
axial piston pumps due to compression of the fluid in the cylinders.
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Fig. 5.14 Relationship between Backflow’ Am plitude and Load Pressure
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CHAPTER 6
RESULTS OF IMPEDANCE TESTS ON PASSIVE COMPONENTS
The technique described in chapter 4 for the evaluation of the source impedance of 
positive displacement pumps can also be applied to the measurement of the impedance 
characteristics of other components such as valves and accumulators.
6.1. Accumulator Impedance Tests
Tests were performed in order to measure the impedance characteristics of a bladder type 
accumulator. This had a capacity of 1.14 litres and is shown diagrammatically in Fig. 
6 .1(a).
6.1.1. Theoretical Impedance
At low frequency, an accumulator behaves as a compressible volume, in which case its 
impedance is capacitive, i.e.
It is reasonable to ignore the compressibility of the contained oil in the analysis: the oil 
stiffness is very much greater than that of the nitrogen contained in the bladder. The 
stiffness of the rubber bladder is also neglected.
Since we are considering small, rapid pressure changes about a mean, then adiabatic 
conditions can be assumed, in which case
. . . ( 6 .1)
p v y = PV y . . . ( 6 .2)
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where P is the mean pressure, and V is the volume of the gas in the bladder at that
pressure, y  is the ratio of the specific heats, which for nitrogen is approximately 1.5. For
small perturbations about the mean condition,
dv   V_
dp yP  • • • (6.3)
The mean volume V can be calculated from the precharge conditions. Assuming an 
isothermal (slow) compression from the precharge condition to the mean condition,
PV  = PK  VK  . . .  (6.4)
where P p c  is the precharge pressure, and V p c  is the accumulator capacity.
~ V pc  -FpcTherefore V = (6 5)
Hence, substituting equation (6.5) into (6.3), 
dv _  V pc P pc
dp y p 2 . . . (6.6)
The accumulator impedance is given by the equation Za = where Q = —-r~.dQ dt
Thus Zn — y lLj  tiiPpc Vpc ' • • (6.7)
Therefore the capacitance of the accumulator will be dependent on the precharge pressure 
Ppc and the working pressure P .
At higher frequencies, the inertance of the fluid contained within the neck of the 
accumulator w ill become significant. Ignoring wave propagation effects, this can be 
considered to act in series with the capacitance. Thus the impedance can be defined by the 
equation [49];
Zfl = jo)Ca +Ra +j0)La . .  . (6.8)
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where Ca . . . (6.9)
Ra is a resistance term which may be present due to any energy losses in the 
accumulator, such as viscous losses in the neck or hysteresis in the rubber bladder. The 
'inductance' L a is due to the inertia of the fluid in the neck and may be difficult to 
measure because of the complexity of the flow passageway. It should, however, be 
virtually independent of operating conditions, being a function solely of the accumulator 
geometry and fluid density.
The impedance w ill thus exhibit an anti-resonance at which its amplitude will be at a 
minimum. The natural (anti-resonant) frequency is given by the equation
Below this frequency, the impedance will be asymptotic to a line with a gradient of -20 
dB/decade and a phase of —90°, and above this frequency it will be asymptotic to a line 
w ith a gradient of +20 dB/decade and a phase of +90°. Thus, assuming that L a and y  are 
constant, there should be a linear relationship between / n2 and P 2/Ppc .
6.1.2. Experimental Technique
The test circuit is shown diagrammatically in Fig. 6.1(b). The accumulator was mounted 
horizontally on the end of the standing wave measurement pipe. A small diameter bleed 
valve was situated in parallel w ith the accumulator; this had the double purpose of 
permitting the bleed-off of any trapped air, and of allowing a small mean flow in the 
pipe, necessary for the control of the temperature of the oil in the pipe. Provided that the 
bleed flow and the side branch volume were small, the effect on the measured impedance 
would be insignificant.
The fluid-borne noise source was situated at the other end of the pipe. Tests were 
performed using both pump 'A ' and the pulse generator as sources. Pressure ripple was 
measured at three points, in the form of transfer function measurements. The impedance 
was referred to the end face of the accumulator neck.
. .  . (6 .10)
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6.1.3. Results
Typical results obtained using pump 'A ' as the source are presented in Fig. 6.2. Fig. 
6 .2(a) shows the impedance where the system pressure is below the precharge pressure, 
so tha t the poppet valve in the accumulator is closed. It can be seen that the impedance 
corresponds roughly to that of a compressible volume, which is probably due to the oil 
contained within the neck. Discrepancies a t low frequency may be caused by 
experimental error (since IZT I »  IZ 0 1 X or they may be due to mechanical vibration 
(see section 6.2.1.). Higher frequency discrepancies may be caused by distributed 
parameter effects.
As the mean pressure becomes greater than the precharge pressure, the accumulator 
becomes functional and there is a sudden change in its characteristics. In practice this was 
noticeable as a distinct change in the tone of the air-borne noise emanating from the 
system. Fig. 6.2(b) shows an impedance characteristic measured at a mean pressure 
higher than the precharge pressure. As can be seen, the impedance now shows an 
inductive characteristic, being small at low frequency and increasing with frequency at 
20 dB/decade. Above 2.5 kHz, there appears to be some discrepancy between the 
experimental points and inductance model; this is presumably due to distributed 
parameter effects. It is not possible to discern any capacitive effects at i;he lower 
frequencies since the experimental frequencies are too high. For this reason, tests were 
also performed using the pulse generator as a FBN source, in which case mean pressure 
and flow were supplied by another pump.
Experimental impedance results obtained using the pulse generator are plotted in Fig. 
6.3(a-d), for different mean and precharge pressures, where in each case the mean 
pressure exceeded the precharge pressure. A least-squares curve fit in the form  of 
equation (6.8) is superimposed upon the results. In each case, the capacitive, resistive and 
inductive effects are clearly visible. At high frequencies the impedance tends toward the 
same characteristic in each case; this implies that the inductance is independent of 
operating conditions, as would be expected from theory. The capacitance, however, is 
strongly dependent upon the operating conditions. A theoretical capacitive impedance 
characteristic, based upon equation (6.9) is also superimposed upon the experimental 
results as a dotted line. It can be seen that the model fitted to the experimental impedance 
points shows very good correlation with this theoretical characteristic.
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Fig. 6.4 shows a graph of the square of the measured natural frequencies of the 
accumulator, / n2, as a function of P 2/Pj>c. The natural frequency is obtained from the 
curve fit to the experimental results. It can be seen that the relationship is a straight line, 
passing through the origin. This is as would be expected from theory.
It can therefore be concluded that the model described provides a very good 
representation of an accumulator. From the above results it can be seen that the 
capacitive effects are significant only at frequencies which lie below the range normally 
considered in FBN analysis. Therefore, the impedance characteristics of an accumulator 
can be modelled as a pure inductance. A major difficulty, however, lies in the estimation 
of the value of this inductance. This is probably best obtained empirically from 
experimental results, because of the difficulty of its theoretical prediction. The resistance 
is a minor effect and under most circumstances may be ignored.
From Fig. 6.3 it can be seen that reasonably accurate impedance results were obtained 
around the anti-resonant frequency. This is perhaps surprising as in this region the 
accumulator impedance is very small, typically 30 dB smaller than the pipe 
characteristic impedance (section 4.4.3.2.). Furthermore, the frequency is low, so that the 
transducer spacing is very small compared to the wavelength (section 4.4.3.1.). Under 
such circumstances it would normally be expected that the predicted impedance values 
would be highly inaccurate. The unexpected accuracy of the results may be explained by 
considering Fig. 6.5. which shows the pressure ripple transfer function measurements 
along the pipe together with the modelled standing wave profile. Firstly, it can be seen 
that the experimental points show very good correlation with the model. Secondly, 
considering Fig. 6.5(a), which shows the first harmonic, it can be seen that there is a node 
very close to the accumulator. Thus there are significant changes in both amplitude and 
phase along the length of the pipe. Fig. 6.6 shows the equivalent pressure ripple transfer 
function measurements and modelled standing wave for the case where the system 
pressure is below the accumulator precharge pressure, so that the accumulator acts as a 
closed end. It can be seen that, for the first harmonic, there is very little change in the 
standing wave amplitude and phase along the length of pipe. Small transducer calibration 
errors or experimental scatter could cause a large error in the prediction of the 
accumulator impedance, and it was found in practice that it was impossible to obtain 
accurate low frequency results in this case.
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The above results show that the standing wave analysis at low frequency, where the 
pressure ripple wavelength is much greater than the length over which measurements are 
taken, can produce accurate impedance results provided that measurements are taken at 
or near a node. If, however, the measurements are taken at or near an anti-node, the 
results are likely to be seriously error-prone.
6.2. Restrictor Valve Impedance Tests
In previous FBN analysis [20], it has been assumed that the impedance of a simple 
restrictor valve can be modelled as a simple resistance, derived from the steady state 
characteristics.
The general pressure-flow characteristic for a restrictor can be given by the equation 
AP = kQ n . . .  (6.12)
where AP is the steady state pressure drop across the valve, and Q is the mean flow rate.
For small perturbations about the mean condition, the resistance is given by the equation
v -  3(AP) _  n AP
dQ Q • • • (6.13)
For laminar flow, the restrictor would have a linear pressure-flow characteristic, in 
which case the exponent n = 1 .0 . For fu lly  developed turbulent flow, the restrictor 
would have a parabolic pressure-flow characteristic, w ith an exponent n = 2.0. In 
general, the characteristic of a restrictor valve will have an exponent between 1.0 and
2 .0 .
Some experimental impedance measurements were performed on a restrictor valve by 
Wing [26], using the ‘Hydraulic Trombone’. It was found that the correlation between 
the experimental results and the simple model above was poor; the results showed some 
variation of the amplitude and phase with frequency.
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A large number of tests were performed on a restrictor valve, with the aim of 
identifying the reasons for the deviations from the model, so that it might be possible to 
develop a more comprehensive model for such a valve.
6.2.1. Experimental Technique
The method was similar to that used in the measurement of the impedance of an 
accumulator (section 6.1.2.). A length of flexible hose was situated downstream of the 
valve, followed by a positive displacement flowmeter. The valve under test was a 3/4" 
needle valve, described in appendix 1.
Some typical results using pump ‘A’ as the source of FBN are presented in Fig. 6.7. As 
can be seen, there are significant deviations from the idealised resistance model described 
above, in terms of both amplitude and phase. For the case of zero mean flow. Fig. 6.7(a), 
the impedance seems to be close to that of a pure capacitance, w ith the amplitude 
reducing at a rate of 20 dB/decade. and the phase about —90°. With flow through the 
valve, as in Fig. 6.7(b-d), the impedance characteristics tend towards a constant 
amplitude and zero phase at low frequency, w ith a capacitive effect predominant at 
higher frequency. The capacitive effect can be explained by the volume of fluid contained 
in the upstream chamber of then'alve; the impedance was measured at the end of the 
valve casing, and there was a significant volume of fluid between this point and the 
restrictor itself. This would tend to act in parallel with the valve resistance, giving an 
impedance of the form
. . (6.14)
i.e. a first order lag. However there appear to be some deviations from this simple model, 
in particular at the 5th harmonic (875 Hz), where the amplitude shows a noticeable 
reduction.
It is possible to remove the capacitive part of the valve impedance by shifting the point 
a t which the impedance is measured inside the valve, such that the effective volume is 
zero. Impedance results measured at this point are shown in Fig. 6 .8. As can be seen, 
although the results are closer to the simple resistance model, there are still 
discrepancies, which may be attributed to a number of possible factors other than 
experimental error, outlined below.
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a) Longitudinal mechanical vibration of the valve and pipe. This may cause a 
‘piston’ action on the fluid. This will act in parallel w ith the valve impedance and 
have most effect if the valve impedance is high.
b) The entry impedance of the system downstream of the valve. This will tend to 
act in series with the valve impedance, and be most significant when the valve 
impedance is low.
c) The orifice itself may not act as a pure resistance but may also exhibit some 
inductive effect, due to the high fluid velocity at that point.
Factors (a) and (b) are not properties of the valve, but are dependent upon the connected 
system. In order to isolate the impedance of the valve alone, these effects need to be 
removed.
A more comprehensive valve impedance model was developed to take the above effects 
into account. This model is shown schematically in Fig. 6.9. The following assumptions 
were made.
a) Dimensions are small so that wave propagation effects can be ignored.
b) The body of the valve vibrates as a rigid unit.
c) The orifice area is insignificant compared to the pipe cross sectional area. 
Considering continuity upstream of the orifice,
Qin  = Pj n +Qv+AU (6.15)
The impedance of the valve, Zv, is given by 
7  _  P i n  ~ P o u t
Qv . . .  (6.16)
Substituting (6.15) into (6.16),
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Thus the effect of the entry impedance downstream of the valve can be taken into 
account by measuring the pressure ripple at the valve outlet.
A number of ways are possible for removing the effect of vibration:
a) By mounting the valve rigidly on a large mass. This should have the effect of 
making any vibration insignificant.
b) By measuring the vibration of the valve, using an accelerometer. By integration 
of the acceleration, the velocity U could be calculated and taken into account in 
equation (6.17).
c) By measuring the impedance of the valve when shut, Zshut. If one assumes that 
the vibration is a function of the upstream pressure Pin alone (This is not strictly 
true: it may also be dependent on the downstream pressure, Pout • as we^  as any 
other vibrations elsewhere in the system), we can then define a ‘mechanical 
impedance’ Zmech , where
'mech . . .  (6.18)
If the valve is shut, then Zv = oo. Hence, from equation (6.17),
'm e c h
1 _  j(oV   1
. . . (6.19)
The value of Zshui can then be substituted into equation (6.17) in order to find the 
valve impedance at any other condition:
Method (c) was found to give satisfactory results in practice. It was applied to the 
experimental results shown in Fig. 6.7, as shown in Fig. 6.10 (note: downstream effects 
were ignored, and P0UT was not measured in this case). It can be seen that there is a 
significant improvement in the uniform ity of the results. The resistance value predicted 
by the turbulent flow model Rv = 2P IQ is also shown on the plots. In most cases this is 
quite close to the experimental results, within ±2  dB except at the higher frequencies. A 
phase advance is apparent on the results, particularly Fig. 6.10(b) and (c). It is thought 
that this is an inductive effect due to the inertia of the fluid in the restrictor.
Results in which the vibration of the valve was allowed for using method (b) are 
presented in Fig. 6.11. As can be seen when compared to the uncorrected results in Fig. 
6.7, the effect is to reduce any discrepancies so that the experimental points conform 
closely to the form of a first order lag, except for Fig. 6.11(a) in which the form of the 
results is very close to that of a pure capacitance.
6.2.2. Variation o f Resistance w ith  Mean Pressure Drop and Flow Rate
Further tests were carried out in order to investigate the behaviour of the restrictor 
valve impedance in detail over a wide range of conditions. In particular, the behaviour 
of the impedance at very low mean flow rates and pressure drops was studied.
The experimental tests were carried out by varying the flow through the valve, while 
retaining the valve opening at a constant setting. The experimental rig is shown in Fig. 
6.12. The mean pressure upstream of the valve under test was maintained at a constant 
value using the relief valve. The flow through and the pressure drop across the valve 
were then varied by adjusting the valve downstream of the valve under test. By this 
means it was possible to produce the condition of zero mean flow and pressure drop, 
while maintaining the system pressure. Mean pressure was measured both upstream and 
downstream of the valve. The impedance analysis procedure was as described above, 
pressure ripple being measured downstream of the valve in order that the entry 
impedance of the system downstream could be allowed for. The effects of vibration and 
contained volume were allowed for by substitution into equation (6 .20) of the 
impedance of the valve when shut. The tests were repeated for a range of different valve 
openings.
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Typical impedance results are shown in Fig. 6.13, for different pressure drops and flow 
rates, at the same valve opening. An inductive effect is apparent, with a phase advance 
and increase in amplitude at high frequencies, particularly in Fig. 6.13(a) and (b). 
Superimposed upon the experimental points is a mathematical model of the form:
This is intended to represent the resistive and inductive components of the impedance of 
the restriction. The parameters Rv and L v were determined by means of a least squares 
curve fitting procedure. A certain amount of deviation of the experimental points from 
the mathematical model is apparent, in particular between 800 Hz and 1 kHz. It was 
intended that, in the estimation of the resistance and inductance, the mathematical model 
should average out the effects of these variations.
It can be seen that the resistance varies with the mean flow and pressure drop, being 
highest at high mean flow rate. At the lower flow rates, the inductive effect is clearly 
apparent as a phase advance and increase in amplitude. In fact the modelled value of 
inductance is virtually  independent of the mean flow, but its effect is more noticeable 
where the resistance is low. The inductance is a function of the fluid density and valve 
geometry (as with the accumulator, section 6.1.1.); thus it would not be expected to 
change with the mean flow rate or pressure drop. Furthermore, it was found that the 
inductance did not change significantly for different valve openings.
The resistance Rv is often assumed to be a function of the steady state characteristic of 
the valve, which is described by the equation
Differentiating (6.23), and linearising for small perturbations around the operating point,
Zy = Ry+ jOiLy . . . (6 .21)
. . .  (6 .22)
. .  . (6.23)
3(AP ) _  pQ
 K   —------------
. . .  (6.24)HQ Cq A  2
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This assumes that cQ is constant and independent of the mean flow. Thus the resistance 
R v would be expected to be proportional to Q . for a particular orifice area A v. Fig. 
6.13(a) shows the impedance characteristics at zero mean flow and pressure drop. As can 
be seen, the valve has a finite resistance at this condition; this does not conform to 
equation (6.24), which predicts that Rv = 0 when Q = 0.
Experimental resistance values Rv , obtained by applying the model of equation (6.21) to 
the experimental results, are plotted in Fig. 6.14 over the range of mean flow conditions 
tested at different valve openings. It can be seen from Fig. 6.14(a) that, for a valve lift of 
0.11 mm, there is little variation in the resistance w ith mean flow. As the valve opening 
is increased (Figs 6 .14(b),(c) and (d)), the variation of Rv with Q become more marked, 
but in no case is the resistance proportional to the mean flow.
Two possible reasons for this deviation from the simple model of equation (6.24) were 
considered:
a) at low mean flow rates the magnitude of the flow ripple may be significant 
compared to Q . In such a situation, the linearisation of equation (6.23) may be 
invalid, and the instantaneous resistance might change significantly due to the flow 
fluctuations. This effect would tend to increase the measured resistance at low 
values of Q . However, further analysis showed that this effect, because of the low 
magnitude of the flow ripple through the valve, would not be sufficiently great to 
explain the observed discrepancies. Tests were performed, w ith zero mean flow, at 
different mean inlet pressures, in order to vary the pump flow ripple amplitude and 
hence the flow ripple amplitude through the valve. This was found not to have a 
significant effect on the measured valve resistance. Therefore, this explanation can 
be discounted from being a major source of the discrepancy.
b) at low mean flow rates, the Reynold's number N R through the valve is low. In 
such a situation, the value of cQ shows significant variation with N R as the flow 
regime in the valve changes from  turbulent to laminar [50,51]. For laminar flow, 
the steady state pressure/flow characteristic would be linear, so that Rv would be 
finite at the zero mean flow condition.
6.2.3. Correlation between Steady State Characteristics and Dynamic Resistance
In order to investigate the validity of the assumption that the dynamic resistance of the 
valve is equal to the rate of change of mean pressure drop with respect to the mean flow 
rate, the steady state characteristics of the valve were also measured. If the assumption
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is true, it follows that:
Q
AP = f R vdQ. . .  . (6.25)0
This integral was evaluated from the measured dynamic resistance characteristics, using 
the trapezoidal method (note: because of experimental scatter, it is more accurate to 
integrate the resistance characteristics in order to predict the steady state characteristics 
than to differentiate the steady state characteristics to predict the resistance). This 
integral is plotted together with the steady state characteristics in Fig. 6.15. As can be 
seen, there is reasonably good correlation between the measured and predicted 
characteristics, though the prediction from the dynamic resistance is consistently higher 
by approximately 10%. It can be concluded, therefore, that the postulation that
characteristic approaches a linear form at low flow rate. In this region, the flow through 
the valve behaves in a laminar fashion. In order to investigate this further, it was 
attempted to study the relationship between the flow coefficient cQ and the Reynold’s 
number.
6.2.4. Variation o f the Flow Coefficient w ith  Reynold's Number
The Reynold's number at the valve orifice is given by the formula:
Rv = <KAP)/dQ is valid.
It is apparent from Fig. 6.15, and Fig. 6.15(a) in particular, that the steady state
. .  . (6.26)
where V  = mean velocity through orifice = - jA V
and *H — hydraulic mean diameter = 4- flow section areaflow section perimeter . . .  (6.27)
Thus. Ng
Q 4A v i
A v h v . . .  (6.28)
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For small valve lifts, the perimeter h  2=27rdv . .  . (6.29)
where dv = diameter of valve seat
. . . (6.30)
The flow coefficient is given directly from equation (6.30) as:
. . . (6.31)
Results are plotted in Fig. 6.16. As can be seen, for N s  <400 there is a marked drop in 
the flow coefficient. There is some scatter on the results which may be attributed to 
inaccuracies in the measurement of the pressure drop, flow rate and valve opening. The 
relationship between Cq and N R appears to show little dependency upon the valve 
opening. At high values of N# . Cq tends towards a value of about 0 .8.
These results show good correlation with measurements of cD for long orifices by 
Lichtarowicz et al [51] if the length/diameter ratio is chosen to be 2 or 4, as shown. For 
a long orifice, the vena contracta occurs within the length of the orifice. As the 
downstream pressure was measured by Lichtarowicz et al at the end of the orifice, then 
this is likely to be beyond the vena contracta. in which case the flow coefficient Cq and 
the discharge coefficient cD w ill be approximately equal. Therefore, although the internal 
geometry of a needle valve is rather more complicated than that of a long orifice, it may 
be possible to model the characteristics of a needle valve as such.
6.3. Results of Tests on Pressure Compensated Flow Control Valve 
‘V 2 ’
Tests were performed on a pressure compensated flow control valve (appendix 1). The 
impedance was measured for a range of mean pressure drops and flow rates, in a similar 
way to the tests on the restrictor valve.
Fig. 6.17 shows a simplified schematic diagram of the valve. As can be seen, this valve is 
much more complex than the restrictor valve tested previously, and it is likely that its 
impedance characteristics w ill be more complex. No attempt was made to allow for the 
effects of the system downstream of the valve. Similarly, no allowance was made for 
the vibration of the valve; however, as it was relatively large and massy, vibration 
effects were unlikely to be significant.
Typical results are presented in Fig. 6.18. As can be seen, they bear a close resemblance 
to the form of the source impedance of a positive displacement pump (chapter 5). The 
results exhibit an anti-resonance between 1 kHz and 2 kHz in each case, and a resonance 
is apparent between 2 kHz and 3 kHz. Considering Fig. 6.18(b), (c) and (d), it can be 
seen that at low frequency the results deviate from the source impedance model in that 
the phase approaches 0°, and the amplitude curve flattens out. This effect is due to the 
impedance tending toward the steady state resistance of the valve at low frequency.
This characteristic can be explained by considering the valve to behave as a long 
passageway terminated by a simple resistance. If the passageway is assumed to be 
frictionless and uniform, then the valve impedance can be represented by the equation
Zv — Z o'
1 +pve - 2l“" c<‘
. . .  (6.32)
where the reflection at the end of the passageway. pv , is given by
_ 2  o
Pv ”  Rv + Z0 • • ■ (6.33)
This model predicts that the impedance w ill exhibit a resonance at twice the frequency of 
the first anti-resonance, and another anti-resonance at three times the frequency, and so 
on. However, by studying Fig 6.18, it is clear that this is not the case, and in all cases the 
ratio of the resonant frequency to the anti-resonant frequency is significantly less than
2 .0 .
This effect can be explained by the fact that the assumption of a uniform cross section 
for the valve passageway is not an accurate representation of the actual geometry. In 
practice, the passageway is far more complex, with side branches, bends and changes in 
cross sectional area. At low frequency the simple model is valid, but at higher 
frequencies the impedance may be greatly affected by the geometry.
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A 'standard’ source impedance model (section 4.3.9.1.) applied to experimental results 
for this valve is shown in Fig. 6.19. It can be seen that the correlation between the model 
and the experimental points is very good; in this case the steady state resistance is high so 
there is little deviation from the model at low frequency. However, there is no resonance 
within the frequency range and so the simple model is sufficient. Consider, however. Fig 
6.20(a). In this case a resonance is apparent in the results. The resonant frequency is 
significantly less than twice the anti-resonant frequency and the simple model is unable 
to produce a good fit, even though there is little experimental scatter in the results. Fig. 
6.20(b) shows a situation where two anti-resonances are clearly defined. Again the degree 
of fit of the model is very poor.
The accuracy of any impedance model under these situations depends on the number of 
variables or 'degrees of freedom’ of the model. The simple model above has three degrees 
of freedom. One of these defines the mean level of the impedance, one the ‘damping’, and 
one the anti-resonant frequency, subsequent resonances and anti-resonances being integer 
multiples of this. In order to define the first resonant frequency independently of the 
anti-resonant frequency, it is necessary to include another degree of freedom. This was 
done by including a step change in the diameter of the passageway, half way along the 
length of the passageway, as shown in Fig. 6.21. If friction is neglected, then the model 
equation becomes:
Z = ----- 02
j  tan
where r  =
. . . (6.34)ail / 2c o+tan Kr tana)l / 2c 0)
Z 02 _  A i
Zqi A 2 • • • (6.35)
Fig. 6.21 shows the typical form of this model for r  <  1 (A 2>A i) and r > 1 (A 2<A  j). It 
can be seen that the frequency of the first anti-resonance varies w ith the value of r  . The 
resonant frequency, however, is independent of r . From equation (6.34), it can be shown 
that the anti-resonant frequency is given by
/«  =  ^ 7 (tan_11/r )2 . . .  (6.36)
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Fig. 6.22 shows this model applied to the same results as in Fig. 6.20. It can be seen that 
the closeness of fit in this case is very good over the whole frequency range. The model, 
however, is rather more complicated than the previous one and is therefore much more 
difficult to apply.
It can be seen from Figs. 6.18, 6.19 and 6.21 that there is a distinct variation in the anti- 
resonant and resonant frequencies between the tests. Also, there is a variation in the 
effective volume. This was rather unexpected. Two possible reasons for this effect were 
considered:
a) the valve presents two restrictions in series to the flow, at spools 'A ’ and ‘B’. 
The operation of the valve is such that the pressure drop across restrictor ‘B’ is held 
constant, independently of the mean flow. At low system pressure, the pressure 
drop across ’A ’ may be small in which case the fluid volume between ‘A’ and ‘B’ 
may be important. However, under the conditions considered, the impedance of 
restrictor ‘A* will, in fact, be large enough for the volume downstream of it to be of 
little significance.
b) a pocket of air may have been trapped within the valve, perhaps in the branch 
line to the non-return valve. This would tend to increase the effective volume, 
particularly at low pressure. A graph of the effective volume against mean pressure 
is shown in Fig. 6.23(a), from which it is apparent that the effective volume is 
indeed greatest at low pressure. Fig. 6.23(b) shows a plot of the first anti-resonant 
and resonant frequencies against mean pressure. It can be seen that both frequencies 
increase with pressure. Hence the effective length of the discharge passageway is 
greatest at low pressure.
6.4. Results of Impedance Tests on Relief Valves
Tests were performed to measure the impedance characteristics of three different types of 
relief valve, these being:
a) valve 'V3*- a single stage cartridge relief valve
b) valve ‘V4’- a pilot operated cartridge relief valve
c) valve 'V5'- a pilot operated relief valve.
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A similar technique to that used in the restrictor valve tests was used in each case. 
Pressure was measured downstream of the valves in order to remove the effect of the 
downstream characteristics. Tests were carried out at various mean flow rates and 
pressure drops.
6.4.1. Valve *V3’ - Single Stage Cartridge Relief Valve
Pump ‘A’ was employed as the FBN source. Typical experimental overall impedance 
characteristics are presented in Fig. 6.24. As can be seen, there is a large degree of 
frequency dependence in the results, in particular at the low mean pressure conditions 
(Fig. 6.24(a) and (b)). The respective downstream impedance measurements are plotted 
in Fig. 6.25. Little variation between the downstream entry impedance characteristics is 
apparent at the different operating conditions. It can be seen by comparison w ith the 
overall impedance measurements that the downstream impedance is of a similar order of 
magnitude to the overall impedance, and hence will be a significant factor affecting the 
results.
The equivalent results, after allowing for the effects of vibration, contained volume and 
the downstream circuit, are plotted in Fig. 6.26. It can be seen that the removal of these 
effects greatly simplifies the form of the results, so that they correspond very closely to 
those obtained from the tests on the restrictor valve. Both resistive and inductive effects 
are apparent, and the resistive component corresponds very well to the value predicted 
using the equation Rv = 2AP/{2 •
These results indicate that, when considering FBN, the behaviour of this valve is very 
similar to that of a simple restrictor. This implies that there is insignificant vibration of 
the internal parts, so that, at the frequencies considered, the valve is acting as a fixed 
orifice. This may be due to coulomb friction effects between the valve spool and the 
casing, as the pressure perturbations are likely to be too small to overcome this friction.
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6.4.2. Valve ‘V4* - Two Stage Cartridge Relief Valve
Under certain conditions this valve was found to be unstable, with severe oscillations 
occurring at about 150 Hz. The effect was strongly audible, and was apparent on the 
measured pressure ripple waveforms. Some typical pressure ripple traces measured 
upstream and downstream of the valve are shown in Fig. 6.27. The conditions of Fig. 
6.27(a) were such that the valve showed no signs of instability. It can be seen that a 
significant amount of the pressure ripple is transm itted through the valve. A high degree 
of high frequency noise is also apparent on this trace, due to cavitation and/or turbulence 
from the valve. In Fig. 6.27(b) the valve was in an unstable state. It can be seen that the 
upstream waveform is somewhat distorted in that there are observable differences 
between successive cycles. Downstream of the valve a large amplitude ( ^  10 bar peak- 
to-peak) oscillation is apparent on the signal w ith a frequency of 150 Hz.
Some typical measured impedance characteristics are shown in Fig. 6.28, for different 
mean pressures and flows. In Figs 6.28(a) and (b), the valve was at a stable condition. 
The amplitude results show fair correlation with the resistance model over most of the 
frequency range, except for the second harmonic (350 Hz). However, the phase shows 
large deviations from this model, especially below 1 kHz. In all cases the phase lies 
between —90° and +90°.
In Fig’s 6.28(c) and (d). the valve was in an unstable state. The amplitude in these cases 
shows considerable deviation from the simple model, in particular in Fig. 6.28(d). The 
phase shows a significant advance at low frequencies. In Fig. 6.28(d) the phase at certain 
harmonics (175 Hz and 2100 Hz) lies well outside the range of —90° to +90°, implying 
that the resistance of the valve at these harmonics is negative. This effect was observed 
under several other test conditions not presented here, and so is unlikely to be due to 
experimental error. It may instead be attributed to the instability.
A negative real part of the impedance implies a negative resistance and may cause a 
reflection coefficient of greater than unity (section 2.7.). Under certain conditions this 
may then cause instability in the system. In order to analyse this effect, the system may 
be represented as a block diagram, as shown in Fig. 6.29. This block diagram has one 
closed loop, which represents the effect of multiple reflections in the pipe. Considering 
this loop alone, its open loop transfer function is given by the equation:
GH = -p s P r e -W  . .  . (6.37)
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Classical control theory states that if this function encloses the (-1,0) point on the 
complex plane the system is unstable. If \ps I ^  1, this condition can only be attained 
where \pT I > 1 .  Thus a negative real part of the termination impedance may cause 
instability, although this is dependent upon the value of ps e~2yl at that frequency. This 
implies that such a valve may be perfectly stable when connected to one pipe length, but 
unstable at the same pressure/flow conditions when connected to a different pipe length.
6.4.3. Valve ‘V5* - Two Stage Relief Valve
Some representative experimental impedance results for this valve are presented in Fig. 
6.30. In Figs. 6.30(a) and (c), the pulse generator was used as the fluid-borne noise 
source, and in Figs. 6.30(b) and (d) pump 'B’ was used.
By comparison of Fig. 6.30(a) and (b), it can be seen that the correlation between the 
corresponding results obtained under the same test condition using the two different 
sources is good, being within about 1 dB and 3° in most cases. Similarly, the overall 
correlation is good between the results at the test condition shown in Fig. 6.30(c) and 
(d). However, at certain harmonics there are significant deviations between the two sets 
of results, in particular between 500 Hz and 700 Hz, where differences of 5 dB and 15° 
are apparent. It is thought that these deviations may be caused by non-linear 
characteristics of the valve, such as coulomb friction or stick-slip friction, so that the 
valve exhibits a different impedance characteristic in response to different excitations.
In terms of both amplitude and phase the correlation between the measured impedance 
results and the simple resistive model is very poor. Below about 1 kHz, a predominantly 
inductive characteristic is apparent, the amplitude increasing with frequency and the 
phase being positive. A resonant peak is apparent at 1 kHz for both test conditions, and 
at higher frequencies the phase becomes negative and the amplitude appears to remain 
fairly  constant.
Considering Fig. 6.30(a) and (c). below 100 Hz the results show a large degree of 
variation with frequency. This may be a characteristic of the valve, but it may also be 
due to the long wavelengths at these frequencies which may cause difficulty in the 
accurate measurement of the impedance.
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Comparison with the results of tests on two stage relief valve ‘V4’ yields little 
correlation between the two. The only observable similarity is the phase advance at 
frequencies below 1 kHz. Both sets of results show that the fluid-borne noise 
characteristics of two-stage relief valves, and presumably of many other types of pilot- 
operated devices, cannot be represented adequately by a simple resistive model.
6.5. Simulation o f the Impedance Characteristics o f Two-Stage 
Relief Valves
In order to obtain a more realistic model of the impedance characteristics of a two-stage 
relief valve than the simple resistive model, it is necessary to take into account the 
detailed internal structure of the valve and to consider vibration of the main stage and 
pilot stage components. By considering flow continuity and force balance at the pertinent 
points w ithin the valve, a number of differential equations can be derived [52]. By 
linearisation of these equations and transformation into the frequency domain, they can 
be solved simultaneously and the valve impedance obtained.
The following assumptions were made in the formulation of the model:
a) perturbations were assumed to be small so that the orifice characteristics could 
be linearised around the mean point.
b) discontinuous effects, such as stick-slip friction and coulomb friction, 
were ignored.
c) fluid inertia effects were ignored, except in long ‘capillary’ orifices.
d) cavitation and air release effects were ignored, so that the effective bulk 
modulus of the fluid inside the valve was assumed to be constant.
The internal configurations of valves ‘V4’ and ‘V5’ were found to be different, so it was 
necessary to develop a slightly different set of equations for each valve.
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6.5.1. Derivation o f Mathematical Model o f Valve *V5'
A schematic diagram of the internal configuration of this valve is shown in Fig. 6.31. The 
measured dimensions and parameters are listed in Table 6.1.
In the following analysis, the absolute values of the state variables are represented by 
lower case characters ( x , pJN etc). The Fourier transformed variables for small 
perturbations about the mean condition are represented by upper case characters (X • P I N  
etc), and the mean values at the operating point are represented by upper case characters 
w ith tildes (X « Pin etc).
1) Main stage force balance
d^x dx
mef 1 dJ i +be]f 1~df+kef lX = PinA 1~p *A p~ F i . . .  (6.38)
where
x  — main stage poppet lift
m«jf i = effective mass of main stage poppet. This was assumed to be equal to the 
mass of the poppet plus one third of the spring mass.
Kg i = effective damping coefficient of main stage poppet
kef i = effective spring stiffness, including flow force effects
= ks i+ird - p  3) sin 20x (cG -V l)  (6.39)
ks \ — spring stiffness
0! = main stage poppet angle
F ! = precompression of spring with poppet closed
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2) Flow continuity equation at inlet
. . . (6.40)
where
q i = 7t c q  d ix  sin 2 (P i n  ~ P o u t  )
P . . . (6.41)
It is assumed here that the outlet pressure pour ls zero.
The steady state flow rate qi is given by the equation
_ A ^(PlN~ ? 2) ^
— CQ 3 - . . . (6.42)
where the flow coefficient cQ1 is a function of the Reynold’s number through the
orifice, and of the length to diameter ratio of the orifice [51].
In the dynamic analysis, however, the fluid inertia in the long orifice must also be
considered. This can be represented by an inductive term, such that
_  M l , P h <*qL 
Pm Pz 2cQ\ A i  A 3 dt . . . (6 .4 3 )
3) Flow continuity equation at rear end of main stage poppet
The mean value of q 3 is zero, so laminar flow is assumed through the long orifice. 
Considering fluid inertia in the orifice, the pressure drop is described by the equation:
. . . (6.45)
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4) Flow continuity equation for pilot stage 
V 2 dp2 _  dy
~ B ~ ~ ^ T ~ qL+q 3_? 2~ A z dt . . .  (6.46)
where
y  = pilot stage poppet lift.
02 — pilot stage poppet angle.
2(j >2~ P o u t)q 2 — ttcq d 2y  sin 02
%
(6.47)
5) Force balance equation for pilot stage
me/ 2 d f^ +^e/ 2 ^  ~ ^P2~ Pom ~ Pcr ^  2 . . .  (6.48)
where
mejf 2 = effective mass of pilot stage poppet.
Kff 2 = effective damping coefficient of pilot stage poppet.
K f 2 ~ effective spring stiffness, including flow force effects
= ks 2+7Td 2(p 2- p  3) sin 202 (CQ -V 2 ) (6.49)
ks 2 — spring stiffness.
Pcr = cracking pressure of valve.
In order to solve the above equations, it is necessary to linearise them for small 
perturbations about the operating point. Applying the Fourier transformation 
d /d t = jo), the dynamic equations become:
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From equation (6.38):
( -m ef iw2+be1f i j  o)+keff J X  = P1N A  j (6.50)
From equation (6.40):
A+j Q)X —Qin +Q i +Ql -  0 (6.51)
From, equation (6.43):
Pin ~ P  2 —
pQl
c d \ A
, P h  .+ —— JO) Ql (6.52)
From equation (6.41):
Q i ~ c 1X + c 2 PJI N (6.53)





— = 7tcq d iX  sin Pin P (6.55)
From equation (6.44):
3  .A p j o ) X —Q3— — y d)P3 = 0 (6.56)
From equation (6.45):
P 3- P 2 =
128/^4 4p£4
~ n ~  + ~TT7w <2 : (6.57)
From equation (6.46):
J toP 2 — Q l "H2 j t Q  2j& Y (6.58)
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From equation (6.47):
Q 2 = c 3F  +c4 P 2 . . .  (6.59)
bq 2
C  3 = = 7TCQ d 2 sin 0 2
2 P, %
. . .  (6.60)
Ca — h ibp. — ttcq d  2K sin 02 P 2P
-*k
. .  . (6.61)
From equation (6.48):
( - meff 2<*>2+bef 23U+K* 2)F = P 2A 2 . . .  (6.62)
The steady state values of the variables need to be determined before the above equations 
can be solved. These values can be calculated from equations (6.38) to (6.49) by ignoring 
dynamic terms (those containing j  o) or ( / 6>)2).
Thus, in the steady state, from equation (6.41):
Q i = 7tcq d  jX sin
2 PI N
. . .  (6.63)
from equation (6.40):
Q i -  Q in ~ Q l . . .  (6.64)
from equation (6.38):
Kff 1% — Pin A  i~P  3A . . .  (6.65)
from equation (6.44):
Q 3 = 0, hence P 3 = P 2 . .  . (6 .66)
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from equation (6.42):
Ql ~ Cq i-4 3
2dPm - P 2) Vi
. . . (6.67)
where cQl is a function of the Reynold’s number through the orifice, and hence of the 
flow rate QL .
From equations (6.46) and (6.47):
0 ,2~  Ql -  7Tcqd 2Y  sin 02
2 P> 1/2
. . .  (6 .68)
An iterative method was used for the solution of the steady state simultaneous equations 
(6.63) to (6 .68). The dynamic equations (6.50) to (6.62) were then solved 
simultaneously using the method of Gaussian elimination, and the impedance calculated 
as the ratio Pin /Qin • This was performed for a range of frequencies. The damping factors 
for the main and pilot stages. be^  i and bef  2, could not be measured easily and were 
ignored in the simulations. The upstream volume V x was assumed to be zero, to 
correspond .to the experimental results where the impedance was referred inside the 
valve.
6.5.2. Simulation Results for Valve ‘V5’
Simulated valve impedance results, using the parametric data listed in table 1, are 
compared with experimental results in Fig. 6.32. Qualitatively, the experimental results 
and the simulations show some similar features. A t low frequencies, the impedance 
increases with frequency with a phase advance, and there is a resonance at about 1 kHz 
above which the amplitude falls and the phase becomes negative. Quantitatively, 
however, the correlation is less good, with errors of up to 10 dB and 60°.
6.5.3. Simulation Results for Valve ‘V4*
The internal configuration of this valve differed slightly from that of valve ‘V5’, and is 
shown schematically in Fig. 6.33. This gave rise to a different set of describing equations, 
but the simulation technique was the same and will not be described in detail.
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Simulation results are compared with the corresponding experimental results in Fig. 6.34. 
As can be seen, the correlation is rather poor, in terms of both the amplitude and phase. 
At high frequency, between 3 kHz and 4 kHz, a sharp anti-resonant trough is apparent in 
the simulated impedance amplitude in each case. Corresponding to this trough, the 
simulated phase exceeds the bounds of —90° to +90° in this region, indicating possible 
instability at this point. Insufficient high frequency data were available to see this 
feature experimentally. However, a similar effect can be observed in Fig. 6.34(d) at the 
lower frequency of 2 kHz.
6.5.4. Relief Valve Mathematical Modelling - Conclusions
It can be seen from the above results that, even w ith the detailed dynamic valve model 
described, it is very difficult or impossible to obtain good correlation between experiment 
and theory. The experimental results seem to exhibit a more complicated frequency 
response, in particular at low frequency. It is thought that this discrepancy may be due, 
to a large extent, to .discontinuities such as stick-slip friction or coulomb friction on the 
poppets. Further work would be necessary in order to analyse the dynamic 
characteristics of pilot-operated relief valves in greater detail, in which it would be 
desirable to record the experimental pressures in the internal chambers of the valve, as 
well as the movement of the poppets.
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Main Stage Pilot Stage
Poppet mass 65 g 4 g
Spring mass 8 § 10 g
Effective mass mejf 68 g 7g
Damping constant bejf 0 0
Spring stiffness K 10.4 kN/m 270 kN/m
Seat diameter d 20 mm 5 mm
Bore diameter d P 22 mm
Seat angle e 30° 20°
Orifice length 1 3'  ^4 4 mm
Orifice diameter d d 4 1.0 mm
Volume V i 0
Volume V 2 0.5 cm3
Volume V 3 3.2 cm3
Bulk Modulus B 10.000 bar
Table 6.1 Two Stage Relief Valve ‘V5* - Physical Parameters
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Main Stage Pilot Stage
Effective mass m e f 15 g 6 g
Damping constant b ejf 0 0
Spring stiffness ks 10 kN /m 42 kN/m
Seat diameter d 20 mm 5 mm
Bore diameter dp 22 mm
Seat angle e o o 34°
Orifice length h 2 mm
Orifice diameter d 3 0.4 mm
Orifice length u 2 mm
Orifice diameter d 4 0.4 mm
Volume Vi 0
Volume v 2 2.0 cm3
Bulk Modulus B 10,000 bar
Table 6.2 Two Stage Relief Valve ‘V4* - Physical Parameters
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CHAPTER 7
EXPERIMENTAL DETERMINATION OF THE WAVE PROPAGATION 
CHARACTERISTICS OF A HYDRAULIC LINE
7.1. Evaluation of the Speed of Sound
The speed of sound in a fluid is a function of the fluid density and the effective bulk 
modulus:
In previous studies of fluid-borne noise and water hammer, it was assumed that c 0 can
m anufacturer’s data. The value of p can normally be predicted with a high degree of 
accuracy. However, as stated in section 2.2., Be^  may be difficult to predict as it can be 
affected by the characteristics of the pipe wall and by entrained air in the fluid.
Consider a pipe along which three pressure transducers are mounted, as in Fig. (7.1). 
Assuming that the transducers are equally spaced, such that = Lx2 — A x. and 
neglecting viscous effects, then
c o ~  / P . . .(7 .1 )
be determined analytically by calculation of p and Be^  from the fluid
p l = . . . ( 7 .2 )
P2 = F+G . . .  (7.3)
p 3 = Fe-i^ 'c« +Gei ^ l c t . . .  (7.4)
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Therefore
■Pi+^3 ( F + G ) e  + G ) e J“Ax,‘ ''
~ W T  ”  h i H ^ H ^ --------------------- W T g )------------------
= cos (o>Ax / c 0) (j
This formula was applied by Bolleter [46] for the experimental measurement of the 
speed of sound in a pipe. He proposed that the experimental function ViiH 12+ #  32) 
should be plotted against frequency, and the speed of sound calculated by fitting a cosine 
curve to the experimental data using a least squares method.
In the presence of viscous effects, equation (7.5) becomes
i/ziH 1 2 +H32) = cosh (yAx ) ■ * • (7.6)
where y = a+-^~ (j 7 )
Therefore
VziM 12+ ^ 32) = cos (g>Ax jc ) cosh (o?Ax ) — j  sin (wAx fc ) sinh (<*Ax ) • • • (7.8)
Consider the typical case of mineral oil at 30°C in a 20 mm bore rigid pipe, where the 
spacing between transducers Ax = lm . Over the frequency range considered ( > 100 Hz), 
a  Ax <0.05, in which case cosh (a  Ax ) can be assumed to equal unity. Equating the real 
parts of equation (7.6),
Re Vz{H 1 2 +H 32) = cos (ci>Ax /c  )
. .  . (7.9)
The phase velocity c is related to the speed of sound c 0 by the wave shear number ha 
(section 2.2.). In order to determine the speed of sound, the function cos (a> Ax /c ) should 
be fitted to the experimental values of Re{V2(i7 12+ # 32))- Thus it is required to minimise 
E , where for n data points
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E -  £  y t (i ) - y e b )
i = 1
yt =  cosw A x/c
. .  . (7.10)
. . . ( 7 . 1 1 )
y t  =  Re Vz(.Hn+Hi2) . ..  (7.12)
c 0
where —  = Re c i ih x i) . . . ( 7 .1 3 )
dEWhen c 0 is such that the error is at a minimum, th e n  = 0. Hence
dc0
I
i =  1
f o r  ~ y f )
f o r
3c0 = 0 . . . (7.14)
where for __ co Ax Re(j) -n Ci>Ax Re(£) . . . (7.15)
Equation (7.11) is non-linear in c 0. For this reason it is not possible to solve equation 
(7.14) directly to evaluate c 0. so an iterative method must be used. The method used 
here is based on the Newton-Raphson formula:-
new old
f  X^old )
/  x ald ) . . . (7.16)
E‘(.c0old) 
or Ac0 = ———
^  "(c 0 oZrf ) . . . ( 7 .1 7 )
where 2j '(c 0) =
dc0
E "(co) = 0 =  £  OC 0 i=l
r 4.for ) x r r +
f o r
2
3c0 . . . (7.18)
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A starting value of c 0 is required for the iteration and this can be obtained from 
predicted values of Beg and p. The iteration is then carried out until either:
a) a specified maximum number of iterations has been reached, or
b) the correction Ac 0 has reduced to a specified tolerance.
Provided that the iteration is convergent, the exact value of E" has no effect upon the 
final value of c 0. since E', and hence Ac , is zero at this point. It does, however, affect the 
speed and the stability of convergence. It is sometimes assumed [26] that the
0^y
(y, —ye ) — r- term can be neglected, since (y, —ye ) should be small, provided that the 
0c
initial estimate of c 0 is reasonably accurate. It was found that this term can be ignored 
w ithout having a significant effect on the speed or stability of iteration.
Provided that pressure ripple is measured at three equidistant points along the pipe, this 
technique can be incorporated into the standing wave analysis described in chapter 4. in 
order to provide an improved estimate for the value of effective bulk modulus.
-Typical plots of Re{x/2( / /  12+ ^ 32)} anc* cos (g>Ax/c ) are shown in Fig. 7.2. Experimental 
points in Fig. 7.2(a) show considerable scatter: in this case single channel pressure ripple 
measurements were recorded. Scatter is much reduced in Fig. 7.2(b) where pressure 
ripple was recorded in the form of transfer functions between two points. This 
demonstrates that, as might be expected (section 4.3.5.2.) . transfer function 
measurements tend to be much more accurate and consistent than single channel 
measurements. For this reason, in all subsequent tests the speed of sound was evaluated 
using only transfer function measurements.
It can be seen from Fig. 7.2(b) that there is excellent correlation between the 
experimental points and the modelled curve. It should therefore be possible to evaluate 
the speed of sound with a high degree of accuracy using this method, provided that the 
range of g>Ax /c is broad enough to define the cosine curve with adequate precision.
The above technique requires that pressure ripple should be measured at three 
equidistant points. This conflicts w ith the demand that pressure ripple should be 
measured at unequally spaced points to avoid the half wavelength condition as described 
in section 4.3.3.1. In order to satisfy both requirements, it is necessary to measure 
pressure ripple at more than three points, thus increasing the amount of data to be 
acquired and the amount of instrumentation needed. For this reason, the speed of sound
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measurement technique was extended to cope w ith unequal spacing, so that only three 
pressure transducers would be necessary in an experimental system.
7.1.1. Evaluation o f the Experimental Speed o f Sound Using Three Unequally 
Spaced Pressure Transducers
Consider the configuration of three pressure transducers spaced unequally along a rigid 
pipe, as in Fig. 7.1, where
P i  = F e yl* '+ G e . . .  (7.19)
P 2 =  F + G .. . (7.20)
P 3 =  Fe~yAxy+Gey^> . . .  (7.21)
Considering transducers 1 and 2,
Fi.e. — e 12
. . . (7.22)
Similarly, considering transducers 2 and 3,
F  _  e y^ - H 32
G / r 32- e " yA‘ 2 . . .  (7.23)
therefore. ------------ -— = ------------- —
U i 2~ e 1 H 32- e
or, H 1 2  sinh(‘yAx2) + H sinh(yAx j) — sinh(y(Ajc j+A x2)) = 0 . . . (7.24)
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In practice, because of experimental error, the left hand side of equation (7.24) w ill not 
equal zero. Hence, in order to evaluate the speed of sound, it is necessary to minimise the 
sum of squares error E , where, for n data points,
£ = j? 1l£|2 = j? 16S . . . ( 7 . 2 5 )
where e=H l2 sinh(*yAx2) + H  $2 sinhGyAxj) — sinhCyCA* Ax 2)) • • • (7.26)
bE
Where c 0 is such that E is at a minimum, 3c0 = 0 .  A similar iterative technique to that 
in section 7.1., where the transducers are equally spaced, is used.
It was found that the real part of y could be neglected without affecting the results
significantly. However, resistive effects could not be ignored completely as the variation 
of the phase velocity with the wave shear number ha could affect the results. Equation 
(7.26) becomes
e=H 12 sin(a>Ax2/c ) + H 32 sin(o>Ax Jc ) — sin(fc>(Ax j+A x2)/c ) • - • (7.27)
where, from equation (7.13), c = c 0/Re(£).
SE (7-77)
At the point of minimum error E , ——  = 0. Since equation/is non-linear with respect to3c o
Cq, the point of minimum error must be found iteratively. In fact, the mathematical 
technique is simplified by letting u = l / c 0 and iterating to find the value of u at which 
the error is minimised. Thus,
€ = H  n sin(a>Ax2u Re(£)) + H 32 s in faA x ^  Re(£)) — sin(o>(Ax X+Ax2)u Re(£))- • ■ (7.28)
From equation (7.25), -  2Re £  (e-^-) r _ * x
du i = 1 du . . .  u .2 9 )
and = H 12G>Ax2Re(£) cos(g>Ax2w R e(|)) au
+  H  22a> Ax iR e(^ ) cos(gj Ax xu R e(£ ))
— co(Ax j+Ax 2)R e(|) cos(fc)(Ax X+Ax 2)u Re(£)) (7.30)






du2 . . . (7.31)
where &E 
3u 1 2 L1=1
de de 










du du . . . (7.33)
The initial value of u can be obtained from estimates of Bef  and p. Iteration is carried 
out until the correction to u reduces to within a specified tolerance, or until a specified 
maximum number of iterations has been carried out.
7.1.2. Experimental Speed o f Sound Results
The above techniques were applied in conjunction with a large number of component 
tests. Results are summarised in Fig. 7.3. in which they are plotted as a percentage 
difference between the predicted bulk modulus values (evaluated using equations (2.15) 
and (2.16)) and the experimental values, against mean pressure. It can be seen that the 
experimental points are scattered evenly on either side of the zero error line (the errors 
have a mean of -0.5% and a standard deviation of 1.7%) This indicates that the initial 
estimate is good, and that the effects of entrained air are minimal. At low mean pressure 
there appears to be a trend in which the experimental bulk modulus is reduced relative 
to the predicted value. This may well be due to entrained air, which would be expected 
to have the greatest effect at low pressure. The scatter in the experimental results is 
presumably due to experimental error.
In this case it would appear that the experimental evaluation of the speed of sound and 
bulk modulus is not particularly beneficial to the further analysis of the standing wave. 
The predicted value of bulk modulus appears to be a sufficiently good estimate, and any 
deviation from this value in its experimental evaluation seems to be due mainly to 
random error. However, the technique described could be particularly beneficial where 
the effective bulk modulus is difficult to predict, for example with a water-based fluid.
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7.2. Wave Propagation Measurements using a Small Diameter Pipe
7.2.1. Measurement o f the Pipe Resistance
If one considers the imaginary part of equation (7.8),
%GH l2+ H 32)Im =sin(t)Ax/c sinh (aAx ) . . . (7.34)
It should be possible to evaluate a, and hence R , using this equation. However, w ith the 
20 mm bore pipe used in the above tests, the value of ha was high and hence the 
resistance coefficient was low, such that any resistive effects were masked by 
experimental scatter. For this reason, it was attempted to increase the real part of y by 
use of a smaller diameter pipe.
It was assumed previously (2.2.) that R = R (0.425+0.175ha ) where R = 2^^ 1L This
r ird
expression for R is obtained from the Hagen-Pouseuille formula and is not necessarily 
valid for turbulent flow. Tests were performed over a wide range of steady state 
Reynold’s numbers, including turbulent flow, in order to examine the effect of Reynold’s 
number upon the resistance and on the speed of sound.
In order to produce the high Reynold’s numbers required, the mean fluid velocity V 
could be high enough to cause a significant Doppler shift and affect the wave propagation 
velocity. For this reason it was necessary to apply a correction to the experimental data, 
based upon the assumption that the sole effect of this mean velocity was to increase the 
phase velocity of the waves travelling in the same direction as the fluid to (l+ €)c , and to 
decrease the phase velocity of waves travelling in the opposite direction to (1—e)c , where 
€ =  Vic [14].
Therefore y = —/ 10 + ac( l ± e )
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If one applies the approximation
l - € ,  and - 3— 1+e _  (7 3 5 )
l + €  1—€
then Pi ~  FejLiAx U-O/e e + G e  -  j  u A x  (1 + € ) / c  e  - a A x
— p — € / c .Fe ySx +Ge ~yAx . . . (7.36)
Similarly,
j  01 Ax €
F e ~ + Ge . . . (7.37)
Therefore it is necessary to m ultiply the upstream pressure reading by the correction 
factor ej c/c, and the downstream pressure reading by e ~j €fc .
The pipe diameter chosen was such that a sufficiently high Reynold’s number could be 
achieved w ith the available flow rate w ithout causing an excessive pressure drop or mean 
fluid velocity. A 7 mm bore tungum alloy pipe was chosen, with three transducers 
equally spaced over a 2 m length. In order to achieve a Reynold’s number of 10,000 with 
mineral oil in the normal working temperature range there would be a pressure drop of 
approximately 100 bar along the pipe, which is w ithin the system’s capabilities. The 
mean velocity would be approximately 50 m /s which is sufficiently small compared to 
the speed of sound for the approximation of equation (7.35) to be applied with an error 
of less than 0.2%.
In theory it should be possible to evaluate c and a  for each experimental point and plot 
them as functions of frequency, this being the approach taken by Margolis and Brown 
[14]. However, because of experimental scatter, this is not feasible in the present case. 
Instead, the following analysis was performed on the results.
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a) A least squares curve fit was performed on the real part of ViiH 12+ #  32) *n 
order to determine the speed of sound.
b) A mathematical model was then applied to the imaginary part in order to 
determine the resistive coefficient. This was done on the basis that the relationship 
between a. and ha is known. From equation 7.34,
Im V2{H 12+H 32) = sin (o>Ax / c  ) sinh (a  Ax )
sin(o>Ax/c) can be calculated using the value of c obtained from (a). Ignoring higher 
order terms,
“  = . . . (7.38)
where, for laminar flow. Reg =R (0.425+0.115ha ) 
and R = steady state resistance =
7Td4
It was assumed that a  Ax was small, allowing the approximation sinh(aAx ) ^  a  Ax to 
be made. A least squares curve fit was applied to determine the experimental steady state
resistance Jl,. This value was compared w ith the theoretical value R, -
ird
Strictly speaking, the above analysis only applies to laminar flow. However, Margolis 
et al [14,53] showed that, in theory, the propagation constant y for turbulent flow 
approaches that of laminar flow at high values of wave shear number ha. The reason for 
this is that at high values of ha the wavefront approaches a plane profile with shear 
taking place only in a thin boundary layer close to the pipe wall. If this lies within the 
viscous sub-layer, the behaviour of the perturbations will be virtually  indistinguishable 
from that in laminar flow. In the range of Reynold’s number under consideration, the 
wave shear number is high enough for this condition to apply, and therefore, in theory, 
there should be no variation of y with Reynold’s number. For this reason the same model 
for the variation of c / c 0 and /R was used for both laminar and turbulent flow.
- 1 0 7 -
7.2.2. Experimental Results
Some typical experimental results and least squares models are shown in Fig. 7.4. For the 
real part of V2(Zf 12+ i / 32). there is good correlation between experimental points and the 
model. However, there appears to be a large degree of scatter on the imaginary part. In 
fact the errors are of a similar magnitude for both the real and imaginary parts of 
Vi(H 1 2 +H 32), but the imaginary part is smaller than the real part so the errors are more 
significant. For this reason, it is possible to predict the speed of sound with much higher 
accuracy than the resistance.
By comparison of Figs 7.4(a) and (b), it appears that there is some correlation in the 
pattern of the scatter of the experimental points. This would seem to indicate that the 
scatter is not due to random error alone. Possible reasons for this are:
a) calibration error. The calibration of the pressure transducer/charge amplifier 
combinations was checked for both amplitude and phase error over the frequency 
range under consideration. Errors were found to be small, within about 2% and 1°.
b) inaccuracies in the mathematical model. It may be that wave propagation 
effects within the pipe wall are affecting the wave characteristics in the fluid. It is 
normally assumed that such effects are negligible for rigid pipes; however the 
observed effects are small, so this may well be a contributory factor.
c) lateral pipe vibration. However, it was considered that this is unlikely to affect 
longitudinal waves in a straight pipe.
Fig. 7.5(a) shows the variation of the percentage difference between the experimental and 
theoretical values of speed of sound plotted against Reynold’s number. As can be seen, 
w ithin the laminar region the correlation between experiment and theory is good. 
However, at higher Reynold’s numbers there is a distinct increase in the relative 
experimental values, approaching approximately 5% at a Reynold’s number of 10,000. A 
similar effect was observed by Shemer et al [54].
The variation with Reynold’s number of the ratio of the experimentally predicted steady 
state resistance to the theoretically predicted value is plotted in Fig. 7.5(b). A marked 
increase in the experimental value with Reynold’s number is observed, and the 
experimental value approaches the theoretical value at low Reynold’s number. The 
reason for this discrepancy between experimental results and theoretical model is
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unclear. This effect was not observed by Margolis et al [14,53], who achieved good 
correlation between experiment and theory. Further experimental tests would be 
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CHAPTER 8
SIMULATION OF THE FLUID-BORNE NOISE 
CHARACTERISTICS OF HYDRAULIC CIRCUITS
The ability to predict the fluid-borne noise characteristics of complete hydraulic systems 
is clearly desirable. The pressure ripple levels in a circuit are strongly dependent upon 
the dimensions of the circuit and the characteristics of the individual components. A 
circuit may have a number of resonant frequencies, and if one or more of these coincides 
w ith an excitation frequency, such as a harmonic of the pump flow ripple, very high 
pressure ripple levels can be generated. Obviously such a condition needs to be avoided if 
possible. By careful selection of pipe lengths, for example, it may be possible to avoid 
such resonances.
In order to aid in the selection of suitable component dimensions at the design stage, it is 
necessary to be able to predict the resonant characteristics of the circuit, and this requires 
detailed knowledge of the characteristics of each component. For a complex circuit 
including branches and changes in section the equations describing the system can become 
extremely complicated. A computer program called ‘PRASP’ (‘Pressure Ripple Automatic 
Simulation Package’) has been developed to simulate the pressure ripple characteristics of 
hydraulic circuits of arbitrary complexity.
8.1. Mode of Operation of the Pressure Ripple Automatic Simulation 
Package
A detailed description of the ‘PRASP’ program algorithms is included in [33]. The mode 
of operation of the program can be broken down into several stages. These are:
a) interactive definition of circuit configuration.
b) interactive definition of component parameters, such as pipe lengths, etc.
c) interactive definition of sweep. A frequency sweep may be used, or component 
parameters such as pipe lengths may be varied.
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d) generation and solution of simultaneous equations to calculate the pressure 
ripple and flow ripple at various points in the circuit.
e) output of results in the required format.
The program operation is best visualised by means of a simple example. Consider the 
circuit shown in Fig. 8.1(a) consisting of a pump, a length of rigid pipe, and a restrictor 
valve. Using standard impedance notation, the pump is represented by a flow ripple in 
parallel w ith a source impedance. The source impedance is a function of the pump 
discharge passageway, and can be considered to be equivalent to a length of pipe with a 
closed end.
8.1.1. Generation o f Circuit Configuration
The program functions by breaking the circuit down into a number of separate blocks, 
each of which can be described by a simple set of equations. Thus the simple system 
shown in Fig- 8.1(a) can be represented as shown in Fig. 8.1(b). Each block has either 
one or two ports (inlet port and/or outlet port), and each port has two state variables, 
these being pressure and flow rate. Thus there are three classes of blocks:
a) those with an outlet port only, e.g. block < 1 >  in Fig. 8.1(b). These blocks 
have two state variables, Pour an^ Qout *
b) those with an inlet port only, e.g. blocks. < 3 >  and < 5 > .  The state variables 
are P1N and Q1N.
c) those with inlet and outlet ports, e.g. blocks < 2 >  and < 4 > .  The state 
variables are PIN , QIN, P0UT and Qout •
The pressure and flow rate at the inlet and outlet of a block, PIN, QIN, P0UT and Qout » 
are referred to as the ‘local’ state variables (LSV's), as they relate only to that block.
Block < 1 >  represents the source flow ripple of the pump. Blocks < 2 >  and < 3 >  are a 
pipe model and a closed end model respectively, and represent the source impedance of 
the pump. In this case the source flow ripple is represented at the pump exit, using 
Norton’s model. Block < 4 >  represents the pipe, and block < 5 >  the restrictor valve.
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The blocks are connected together to form the circuit by ‘links’. In this case there are 
three links, designated by (i), (ii) and (iii). The linking configuration is entered by the 
user and stored as an integer array in the computer, and for this circuit is represented as 
shown in table 8.1. Two types of link are defined, these being:
a) ‘simple’ links, where the outlet port of one block connects directly to the inlet 
port of another block.
b) ‘junction’ links, where more than one inlet port, and/or more than one outlet 
port, are connected.
At a simple link, such as link (ii), the outlet LSV’s of one block are equal to the inlet 
LSV’s of the other block. Thus a set of ‘global’ state variables (GSV’s) can be defined 
which represent the pressure and flow rate at each link. A simple link has 2 GSV’s 
associated with it, these being pressure and flow rate.
At a junction link, such as link (i), the flow rates from or to each block are related by 
the continuity equation £Q jn = JIQout • Each flow LSV at the junction link is assigned 
to one GSV. The pressure LSV’s for each connected port are equivalent, so only one 
pressure GSV is necessary. Thus, link (i) has 6 LSV’s but 4 GSV’s associated with i t r
Each GSV in the circuit is assigned a number, and an array is set up relating the LSV’s 
for each block to the equivalent GSV number, as shown in table (8.1).
8.1.2. Definition o f Component Parameters
Each component has a number of parameters associated with it. Thus, for example, for 
pipe < 2 > it is necessary to define the pipe length and internal diameter, and the fluid 
density, viscosity and effective bulk modulus.
8.13 . Sweep Definition
Four different sweep options are available.
i) harmonic sweep. In this case, the fundamental frequency and number of 
harmonics are entered.
ii) linear frequency sweep. The minimum and maximum frequencies are entered, 
together with the number of incremental steps. The intermediate frequencies are
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spaced equally between the minimum and maximum frequencies.
iii) logarithmic frequency sweep. Similar to (ii), except that the intermediate 
frequencies are spaced in a logarithmic manner.
iv) linear parametric sweep. In this mode it is possible to vary a number of the 
model parameters over a pre-defined range, at a fixed frequency. Thus, for example, 
the length of pipe < 4 > can be swept in order to determine the resonant lengths at 
one harmonic frequency of the pump. Up to 5 different parameters can be swept 
simultaneously.
8.1.4. Generation and Solution o f Simultaneous Equations Defining System  
Response
At each step of the sweep, the following procedure is carried out. Firstly, the equations 
describing each model are formulated by a call to the relevant model subroutine. Single­
port models generate one equation, whilst two-port models generate two equations.
Block <  1 > , a flow ripple source, is represented by the equation
Note: Qs is not a state variable, but is a constant input value to the system, which is 
entered by the user.
Blocks < 2 >  and < 4 > , rigid pipe models, are represented by the following equations, 
which are obtained from the pipe transmission matrix (section 2.12.1.).
Qout ~  Qs . . . ( 8 .1)
— P I N  + P o u t  cosh y l  + Q o u t  z  o sinh y l  = 0 . .  . (8.2)
— Q i n  + P o u t / z o  sinh y l  + Q o u t  cosh y l  -  0 . . . ( 8 .3 )
Block < 3 > , a closed end model, is represented by the equation
Qin = 0 . . .  (8.4)
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Block < 5 > ,  a simple single port restrictor valve model, is represented by the equation
- P i k + Q i » Z , =  0 . . . ( 8 .5 )
The resistance of the valve is assumed to be a function of its steady state characteristic. 
Capacitive effects, due to the volume contained in the valve upstream of the orifice, are 
also considered. Thus,
Z  -  ______— ______
j o ) V /B R v +l
TlP, n ' i"L meanwhere a „ =
On
n is the exponent of the steady state characteristic at the operating point, and normally 
has a value of between 1.0 (laminar flow) and 2.0 (turbulent flow).
In order to complete the circuit description, a flow continuity equation is required for 
junction link (i). Thus
Qout < i > ~  Q i n  <2> ~  Q i n  <4> =  0  • • • (8 .6 )
The model equations need to be solved simultaneously. This solution will yield the 
values of all the state variables. In order to solve these equations they are first collated 
into a single global matrix equation of the form
S Y = T . . .  (8.7)
Y is a column matrix containing the global state variables. T  is a column matrix 
containing the input values (the right-hand sides of equations (8.1) - (8.5). S contains the 
coefficients of the GSV’s. Thus, each of the equations generated by the models is 
represented by one row in matrices S and T.
This matrix equation is solved by a process of Gaussian elimination with partial pivoting. 
The resultant state variables are stored in a file, and this process is repeated for each 
stage of the sweep.
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8.1.5. Output o f Results in the Required Format
The data obtained by the solution of the m atrix equation need to be post-processed in 
order tha t they can be presented in a useful form. A number of different graphical 
form ats are available, including bode plots of amplitude and phase, and inverse Fourier 
transformed waveform plots. Any of the state variables can be plotted individually. 
A lternatively, the ratio of any pair of state variables can be plotted. Thus, for example, 
the entry impedance of the loading circuit of the pump can be examined by plotting the 
ratio of GSV no. 1 (PIN , block < 4 > )  to GSV no. 4 (Qjh , block < 4 > ) . The results can 
be multiplied by a scaling factor, if required, in order to present them in the required
8.2. Form ulation o f  a Com prehensive M odel for  a F lexible Hose
The wave propagation characteristics of flexible hoses differ from those of rigid pipes. 
They generally have a lower wall stiffness which tends to reduce significantly the 
effective bulk modulus of the fluid, and hence the wavespeed. Together with fluid wave 
propagation, there is the secondary effect of wave propagation in the hose wall, which is 
coupled to the fluid wave. The net effect of this is that two distinct fluid wave speeds 
occur, and these considerably complicate the analysis of the hose behaviour.
The general wave equations for a flexible hose, representing the fluid pressure and the 
axial motion of the fluid and hose wall, were formulated by Longmore and Tuc [37-39], 
and are reproduced below:
units.
U ( jc ) = k yi* + k 2e yi* + k 3e yi* + k 4e y*x . . (8.8)
W (x ) = N i ( k  ie yix + k 2e yi% ) + N 2{k3e y2% + k 4e y2X ) . . (8.9)
P  (x ) = Zp i(k je >lX — k  ^  >lX ) + Zp 2{k 3e ~y2% — k 4e ) . (8.10)
where U (x )= harmonic axial displacement of fluid at position x  
W  (x )= harmonic axial displacement of hose wall 
P  (x )= harmonic pressure ripple in fluid.
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Two modes of wave propagation exist in the hose, represented by the propagation 
constants y i  and y 2. The values of k x, k 2. k 3 and k 4 are dependent on the boundary 
conditions. N  x and N 2 are known as the ‘modal ratios’ and specify the relative amounts 
of wall and fluid motion associated with each wave. ZPi and ZP2 are referred to as the 
'characteristic displacement impedances’, and are related to the characteristic impedances 
by the equation
ZP = Aja>Z0. . . . ( 8 .1 1 )
In order that the transmission matrix can be derived relating the pressure and flow (or 
fluid displacement), it is necessary to apply boundary conditions to the hose wall 
displacement. In this analysis, it is assumed that the hose is rigidly mounted at each end. 
so tha t W (0) = 0 and W ( I ) = 0.
The impedance matrix relates the pressure and flow by the equation:
P(  0) e (  o)
PU) = z G O )
where Z =
2  1.1 2  12
2  2,1 2  2,2
and Q {x^  — A j  a>U (x ).
. . . (8.13) 
. .  . (8.14)
Substituting the boundary conditions W (0) = 0 and W ( l )  = 0 into equation (8.9):
W (0) = 0 = + N  2( k 3+ k 4) . . • (8-15)
W { l )  = 0 = N 1{ k 1e “7l1 +k & yyl) + N j i k  3e +k 4e ). . . .  (8.16)
In order to find z lx and z 21, we consider the hose to be connected to a load of infinite 
impedance. Thus, £ /( /)  = 0, and from equations (8.12-8.14),
P (0 )  = z x lA jwU(O)  . . .  (8.17)
P ( l )  = z 21A jo)U (0). . (8.18)
From equation (8.8),
U (7 ) = 0 = k xe >|7 + k 2e Vl/ + k 3e >2/ + k Ae y^
From equations (8.16) and (8.19)
k xe yll + k 2e y*1 — 0 or k 2 — ~ k  xe 2>l/ 
k 3e y^ +k 4e y^ = 0  or k A — —k  3e 2y^
Substituting (8.20) and (8.21) into (8.15),
k* =
k t N t  ( 1—e 2>1' )
N , ( . l - e 2y* )
Thus,
7/(0) = * ! 1—N,
- 2>i/
F(0) = k x ZP1{t+e 2>lZ) - Zf 2^ i ( l - g  2yi/)(l+ e~ 2y2/) 
7V2(1—e -2>2/)
/> (/) = * ! ZP12e yi‘ -
ZP2N x{ \ - e  2VlZ)2e“ya, 
A72( l~ e " 2y2Z)
hllt r  =  ZC9I  = 1
' u  (2(0) Ajco  7/(0)
,  -  P U )  -  1
21 (2(0) 7/(0)
It can be shown that, substituting equations (8.23) and (8.24) into (8.27),
z  1,1 “
N  2Zp i coth (yjZ ) N  xZp2 coth (y 2^  ) 
A j u { N 2- N { )
. . . (8.19)
. . . (8 .20) 
. . . (8 .21)
. . . (8 .22)
. . . (8.23)
. . . (8.24)
. . . (8.25) 
. .  . (8.26) 
. . . (8.27)
. . .  (8.28)
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Similarly, substituting equations (8.23) and (8.25) into (8.27),
N  2ZPi cosech (y ^  ) — N  \ZP2 cosech (y 2l )
A j u ( N 2- N l ) . . .  (8.29)
or, substituting equation (8.11) into (8.28) and (8.29),
N  i . . . (8.30)
Z 01 cosech (y xl ) — Z 02 cosech (y2Z )
. . . (8.31)
A similar technique may be used to derive z 12 and z 2^ by setting U (0) = 0. However, 
because of the inherent end-to-end symmetry of the hose, the relationship between P (0) 
and Q (0) when Q (1) = 0 is the same as that between P ( l )  and —Q (I ) when Q (0) = 0. 
— Thus z 2 2 . ~ ~ z l.i- Similarly, the relationship between P ( l  ) and Q (0) when Q (Z ) = 0 is 
the same as that between /*(0) and —Q (I ) when Q (0) = 0. Thus z 12 = —z 21.
In order to produce a model of a hose, it is necessary to obtain values of the properties 
N 2/ N  i, Zoi. Z 02- y i  and y 2. all of which are complex and may be frequency dependent.
A number of assumptions were made by Longmore and Tuc in order to simplify the 
estimation of the hose properties. These assumptions were backed up by experimental 
work and were found to be valid.
a) The value of N 2/ N 1 is independent of frequency.
b) The wave propagation coefficients yi can be represented in the form
. . . (8.32)
where a,- and /3i are independent of frequency.
c) The characteristic displacement impedances ZPl are represented by the equation
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. . . (8.33)
or Z 0i P . . . (8.34)
where p is the density of the oil.
Therefore, in order to model a flexible hose, the parameters N 2/ N  oq. j3j, cx2 and jS2 are 
required, as well as the internal cross-sectional area A  and fluid density p. These 
parameters are dependent upon the type of hose and its internal diameter. In order to 
produce a model which could represent a range of different hoses, they would have to be 
known for each type of hose. A data base containing them could be built up from 
empirical values obtained from experimental tests on the hoses.
The above analysis ignores the effect of the end fittings. These can be taken into account 
by modelling them as short lengths of rigid pipe. The overall transmission matrix for the 
hose w ith fittings. ToveraW. can be calculated by multiplication of the individual 
transmission matrices for the hose and fittings, i.e.
T overall =  ^ f i t t i n g  -Those T  p  ting ' ' ' ( 8 . 3 5 )
The transmission matrix of the hose, Those, can be calculated by algebraic manipulation 
of the hose impedance matrix, which is derived above.
8.2.1. E valuation o f A ccuracy o f Hose Model
In order to check the validity of the hose model, an experimental circuit was set up with 
a hose for which the parameters N 2/ N  i, aq. j3lt ot2 and j32 had already been determined 
empirically from experimental tests by Longmore (personal communication). Pressure 
ripple was measured at various points, and the entry impedance of the hose was 
evaluated, using the method described in chapter 6 . These measurements were compared 
w ith those obtained from a simulation of the circuit. Pump ‘A’ was used as the source, 
and experimentally obtained Qs values were used in the circuit simulation.
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The experimental and simulated pressure ripple upstream of the hose, with 1 m and 3 m 
lengths of hose, are plotted in Fig. 8.2. Correlation between simulation and experiment 
can be seen to be reasonable in each case. Corresponding entry impedance bode plots are 
shown in Fig. 8.3. The correlation between simulation and experiment is fairly good up 
to about 1.5 kHz, above which large discrepancies are apparent. It is thought that these 
discrepancies may be attributed in part to bends in the hose during the experimental 
tests. The model was formulated on the assumption that the hose should be straight; 
however, in practical circuits, it is highly likely that hoses would be bent.
8.3. M odelling o f  Pump Flow  Ripple Characteristics
A t any particular harmonic frequency, the pressure ripple at any point in a circuit is 
directly proportional to the source flow ripple, Q s . The resonant characteristics of the 
system are independent of the values of Qs . Thus the accuracy of a circuit simulation is 
not as sensitive to Qs as it is to, for example, the length of a pipe or the source impedance 
Zs . In most situations, then, an approximation to Q s , based upon a simple mathematical 
model, should be adequate.
8.3.1. External Gear Pump Flow Ripple Model —
The theoretical source flow ripple from an external gear pump is well known and is 
described in section 2.1.2. The spectrum of this flow ripple can be determined by Fourier 
transformation of equation (2.2). The harmonic values can be shown to be given by
= 7  . . . ( 8 .3 6 )
where i f  is a constant for a particular pump and is described in section 2.1.2.
Thus the harmonic amplitude is inversely proportional to the square of the harmonic 
number. This means that the ideal flow ripple from a gear pump consists of a strong first 
harmonic and rapidly diminishing higher harmonics. In the simulation of a gear pump, 
then, it is unlikely to be necessary to consider more than 5 harmonics.
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8.3.2. Axial Piston Pump Flow Ripple Model
A comprehensive dynamic model for simulating the flow ripple from an axial piston 
pump was developed by Darling [7], and its use is described in section 9.1.1. This model 
was found to give good results, but required detailed information about the internal 
geometry of the pump, information which might not be available to the user.
However, a simple empirical piston pump flow ripple model can be formulated by 
inspection of the general form of the harmonic spectra. Fig. 8.4 shows typical spectra 
obtained from tests on pumps ‘A’ and ‘B’. It can be seen that the amplitude spectra can be 
approximated to a triangular envelope. It was shown in section 5.2.1. that the phase 
spectrum can be simplified by shifting the effective angular position of the phase 
reference so that the phases of the harmonics lie close to 180°. By making the simplifying 
assumption that the phase of each harmonic equals 180°, the following model is obtained:
Qs )= ”*(A —BiH ), for 1 ^  iH < A / B  . . . ( 8 .3 7 )
A  and B define the harmonic amplitudes and the maximum frequency, and are 
dependent upon the pump type and the operating conditions. They can be determined 
provided that any two of the following parameters are known:
a) the total compressibility flow into a cylinder
b) the maximum significant harmonic frequency or the number of significant 
harmonics
c) the amplitude of the backflow.
Parameter (a) can be predicted quite easily if the cylinder volume is known at BDC, and 
the effective bulk modulus within the cylinder can be estimated. Parameters (b) and (c) 
are more difficult to determine, and can only be estimated unless detailed flow ripple 
characteristics are already available. Parameter (b) can be estimated empirically, either 
by inspection of experimental pressure ripple measurements in a circuit containing the 
pump in order to estimate the highest frequency component, or by using information 
gained from experience of the characteristics of pumps of fundamentally similar design.
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It m ust be stressed that this model is only intended to provide a guide as to the flow 
ripple characteristics of the pump, and is unlikely to be as accurate as simulation results 
using the model developed by Darling [7], or experimental results using, for example, the 
‘Secondary Source’ method. However, since the flow ripple has no effect on the resonant 
characteristics of a hydraulic circuit, it may be sufficiently accurate for use in the 
simulation of the fluid-borne noise characteristics in such a circuit.
The model spectrum as shown in Fig. 8.5(a) produces a waveform as shown in Fig. 
8.5(b). Harmonic no. iH is represented by the equation
Qs Qh  ) = —<2oCl — i} i f  of f  max)- * * • (8.38)
Thus the instantaneous flow at time t  is given by the equation
n H
q S (* )  =  “  Q 0 Z  ( 1  “  iH f  o f f  max) COS 2 t t /  0iH t.
iH = i . . .  (8.39)
where nH — f  max/ /  o« rounded off to the nearest integer.
The value of Q 0 can be determined by consideration of the volume of the backflow pulse. 
Considering the graph of the flow ripple waveform shown in Fig. 8.5(b), as the mean 
flow is assumed to be zero the graphical area bounded by the the flow ripple above the 
x-axis is equal to the area bounded by the flow ripple below the x-axis. Therefore.
pulse volume = — ---- ^  T  qs (772) ^  4Q^
where VF is the volume contained in one cylinder at BDC, AP is the mean pressure 
difference across the pump, and Be^  is the effective bulk modulus of the fluid in the 
cylinder. T  is the cyclic period, defined as T — 1 / /  0-
n H
But qs ( r / 2) = -  Qo z  ( ! “ * « /  o f f  max) cos (iH n ) 
iH=1
n H
— ~  Qo Z (1 “ /  o f f  max)(—*) **




G o  =
%  I  ( » « / /  max -  1 / /  o X - 1 )  "
iH=i . . .  (8.42)
The kinematic flow ripple, although normally small compared to the compressibility 
flow, may be significant at low mean pressures. It is simple to predict and can easily be 
incorporated into the model. It can be shown tha t the value Qk (ih ) of harmonic no. ih 
can be described by the equation
Qt (ih ) = ;. 2% ~:  cos ^ iH 2 / 2 ) e JtMZ1rl2{ih z Y —1 • • • (8.43J
where Q is the mean flow from the pump, and z  is the number of cylinders in the pump
(note: if z  is odd the amplitudes of the even harmonics w ill equal zero). Thus the overall
modelled flow ripple is given by the equation
< 2 s ( i / f )  =  - G o d - t / f / o / Z m a x )  + 2 ^  ~ cos z  /2 ) e J'HZ 7772(iH z )2—1 . . . (8 .4 4 )
VPAP
where Qo = ~ nH
Bef 12 t i l i / f  max""* 1/ /  oX- ! ) ^  f .
iH  =  i  . . .  ( . 8 .45 )
Typical results obtained by applying this model to pump ‘A’ are shown in Figs. 8.6(b) 
and 8.7(b), at mean pressures of 25 bar and 100 bar respectively. A cut-off frequency 
/  max 3.5 kHz was assumed. It can be seen by comparison with Figs. 8.6(a) and 8.7(a) 
that there is reasonably good agreement between the model and experimental results, 
although the model is unable to simulate the overshoot and oscillation characteristics 
displayed by the experimental results.
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8.4. Validation of Simulation Results
In order to assess the validity of simulations performed using the ‘PRASP’ package, 
comparisons were made between experimental pressure ripple measurements and 
corresponding simulation results on a number of different hydraulic circuits. One such 
circuit is shown in Fig. 8.8(a). The corresponding ‘PRASP’ block diagram for this is 
shown in Fig. 8.8(b). The pump source impedance was predicted from the measured 
internal volume and length of the pump discharge passageway.
Fig. 8.9(a) shows a typical experimental pressure ripple waveform, and Fig. 8.9(b) shows 
the equivalent simulated pressure ripple, evaluated using source flow ripple data 
obtained from experimental tests using the ‘Secondary Source’ method. The 
corresponding amplitude spectra are shown in Fig. 8.10(a) and (b). Good correlation is 
apparent, particularly between the amplitude spectra. The correlation between the peak- 
to-peak values is good. Fig. 8.9(c) and 8.10(c) show the simulated waveform and 
amplitude spectrum in which the source flow ripple model is obtained using the empirical 
model described in section 8.3.2. It can be seen that, although the waveform and 
amplitude spectrum have similar shapes to the experimental ones, the amplitudes are 
smaller. This is due to the fact that the simple model predicts a smaller flow ripple than 
the experimentally measured flow ripple. However, the overall shapes of the amplitude 
spectra in Fig. 8.10(a) and (c) are very similar, indicating that the simple flow ripple 
model is sufficiently representative to give a good indication of the circuit characteristics. 
In both experimental and simulated amplitude spectra, it is apparent that there is a 
minimum at the second harmonic and maxima at the fourth and seventh harmonics. This 
indicates that the simulations provide good predictions of the resonant characteristics of 
the circuit.
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8.5. S im ulation o f  Pump Source Impedance C haracteristics
By applying distributed parameter models to the source impedance results, it is possible 
to evaluate the ‘apparent length’ and ‘apparent volume’ of the pump discharge 
passageway. The apparent length is dependent upon the measured first anti-resonant 
frequency, and the apparent volume on the measured capacitive impedance at low 
frequency. Apparent lengths and volumes were compared with physically measured 
lengths and volumes for several pumps by Edge [32]. Very large discrepancies were 
reported in some cases. It was found that the apparent volumes were between 5% and 
300% greater than the measured volumes. Similarly, the apparent lengths were between 
20% and 200% greater than the measured lengths. Possible reasons for these discrepancies 
are considered to be:
a) difficulty in measuring the discharge volume and length. The volume was 
measured by pouring oil into the discharge port. This was difficult to perform 
accurately, because of the difficulty in expelling trapped air from the chamber. 
However, it was considered unlikely that this could cause some of the large 
variations reported.
b) local reduction in the effective bulk modulus due to compliance of the casing 
and moving parts, and/or due to cavitation. This would tend to increase the 
apparent length and volume.
c) the complex geometry of the discharge passageway. Any changes in the 
characteristic impedance along its length, due either to changes in the cross-sectional 
area or changes in the effective bulk modulus, could have a significant effect on the 
anti-resonant frequency, and hence the apparent length.
Simulations were performed on the source impedance characteristics of pumps ‘A’, ‘C’ 
and ‘D’. The internal dimensions of the discharge passageways were measured after the 
pumps had been dismantled. It was necessary to make some simplifications to the 
geometry for the simulation to be viable w ithout being over-complex. Thus only 
significant changes in cross-sectional area were modelled. Frictional effects were ignored 
in the simulations. Because the effective bulk modulus inside the pump was not known, 
the value used in the simulations was adjusted by trial and error, where necessary, in 
order to produce good agreement between experiment and theory.
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8.5.1. Source Impedance Simulation - Pump ‘A'
In order to measure the discharge volume of this pump, it was necessary to make certain 
assumptions. Being a 7 cylinder axial piston pump, either three or four cylinders are open 
to the discharge port at any one time, so that the effective volume fluctuates. It was 
postulated by Wing [26], however, that since the change in this volume is periodic, then 
it may be accounted for as a flow ripple effect. The variation in volume is small, 
however, so its effect may be negligible. It was assumed that the simulated volume was 
equal to the mean volume, by including the volume contained by 3xh  cylinders with their 
pistons at mid-stroke. For simplicity, the cylinders were lumped together and modelled 
as one equivalent passageway.
The simplified model is shown in Fig. 8.11(a). The simulated frequency characteristics 
are compared with measured results in Fig. 8.11(b). The bulk modulus used in the 
simulation was that of the fluid alone. A reasonable correlation between experiment and 
theory is obtained, the magnitude of the simulated impedance being about 2 dB (25%) 
less than the experimental results. Thus in this case the effective volume is less than the 
measured volume.
8.5.2. Source Impedance Simulation - Pump *(7
The model used in the simulation of this pump is shown in Fig. 8.12(a). Considering Fig. 
8.12(b), correlation between simulation and experimental results is shown to be good. 
However, in order to obtain this correlation, it was necessary to reduce the effective bulk 
modulus to 4x10s N /m 2, about 25% of that of the fluid itself.
8.5.3. Source Impedance Simulation - Pump *13*
Fig. 8.13(a) shows the model used, and Fig. 8.13(b) shows the comparison between 
experiment and simulation. To achieve good agreement, it was necessary to use different 
values of bulk moduli along the length of the discharge passageway, such that the bulk 
modulus in the gear cavity was less than that in the discharge port. This could be the 
case in practice: compliance of the gear bearings or thrust plates could cause a local 
reduction in the gear cavity.
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Considering the simulations of the gear pumps. ‘C’ and *D\ the modelled discharge 
passageway has a small diameter discharge port and large diameter internal chamber. 
This geometry is similar to that of a Helmholz resonator. Such a geometry will cause an 
anti-resonance at a lower frequency than that of a similar length of uniform cross- 
section. This may explain w hy Edge [32] found the effective length for gear pumps to be 
much greater than the measured length.
The above simulations highlight the difficulty in the prediction of the source impedance 
characteristics from measurement of the pump dimensions. The prediction of the 
effective bulk modulus w ithin the pump appears to be the main problem: a 4:1 ratio 




Link no. GSV no.
Inlet Outlet P i n Q i n P o u t Q o u t
< 1> QS (i) 1 2
< 2 > PIPE (0 (ii) 1 3 5 6
< 3 > CLOSE (ii) 5 6
< 4 > PIPE (0 (iii) 1 4 7 8
< 5 > RV1P (iii) 7 8
Table 8.1 ‘PRASP Linking Configuration for Simple Hydraulic Circuit
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Fig. 8.4 Axial Piston Pump Harmonic Amplitude Spectra, and Representation
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(c) Simulated, using empirical source flow ripple model
Fig. 8.9 Measured and Simulated Pressure Ripple W aveforms
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Fig. 8.13 P um p ‘D’ Source Im pedance  S im u la t io n
CHAPTER 9
PRACTICAL METHODS OF REDUCTION OF FLUID-BORNE NOISE
A number of different approaches can be followed in attempting to reduce the fluid-borne 
noise levels in hydraulic systems. These can be broken down into three main categories, 
as follows:
a) Reduction of pump/motor source flow ripple.
b) Tuning of the circuit in order to avoid resonant conditions.
c) Use of a silencer or pulsation damper.
9.1. Reduction o f  the Source F low  Ripple o f  P ositive  Displacem ent 
Pumps
The flow ripple of a pump is one of the fundamental sources of fluid-borne noise in a 
system (other sources may be valve oscillation or cavitation: these are not considered in 
this thesis). A reduction in the source flow ripple should produce a similar reduction in 
the pressure ripple levels generated in a system. Reduction in the flow ripple levels of a 
pump can normally only be achieved at the pump design stage.
The source flow ripple generated by a pump is dependent upon a large number of factors, 
and is linked with other pump characteristics such as volumetric and mechanical 
efficiency, pump wear and pump vibration. In any attempt to reduce the flow ripple, the 
effect of the modifications on these other factors must be considered, and cost must also, 
of course, be taken into account. It is difficult to draw any generalisations as to what 
steps should be taken to produce a low flow ripple pump; however, there are numerous 
established techniques which may be beneficial in particular cases. Some of these 
techniques are discussed below.
- 129-
9.1.1. Case study: Axial Piston Pump Flow Ripple Sim ulation
A number of simulations were performed on a 7 cylinder, 300 cm3/rev fixed swash plate 
axial piston pump in order to assess the effect of various modifications on the flow ripple. 
The simulations were performed using an existing suite of computer programs developed 
by Darling [7] and based on the ‘Hydraulic Automatic Simulation Package’ ('HASP') 
which was developed at the University of Bath Fluid Power Centre [55]. The computer 
model takes into account the effects of fluid compressibility in the cylinders and fluid 
inertia in the port-plate slots as the fluid passes through at high velocity. The following 
assumptions were made in the model.
a) No leakage is present in the pump. This has been found to be a reasonable 
assumption; the effect of leakage on the source flow ripple tends to be insignificant 
for pumps with typical volumetric efficiencies.
b) The discharge pressure remains constant. As long as the peak-to-peak pressure 
ripple is small compared with the mean pressure this assumption should be valid.
c) No interaction occurs between individual cylinders. In fact the simulations 
were performed on one cylinder only, in order to determine the flow from that 
cylinder alone. The flow from this cylinder was then delayed by suitable fractions 
of a revolution of the pump in order to represent the flow from the other cylinders, 
and the individual flows were added together.
d) There is perfect coupling between the swash plate and the piston. In practice, 
there will be some compliance between the slipper pads and the swash plate, and the 
slipper pads may lift off under certain conditions.
The flow ripple was simulated at pump rotational speeds of 1500 rev/min and 2000 
rev/min, and at mean pressures of 2000 lbf/in2, 3000 lbf/in2 and 4000 lbf/in2 (140, 210, 
and 280 bar). Two different port plate designs were simulated, these being:
a) Symmetrical port-plate with pressure relief grooves, as shown in Fig. 9.1(a).
b) Uni-directional port-plate with retarded inlet and delivery ports, without 
pressure relief grooves (Fig. 9.1(b)).
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Simulations were performed with both hollow and solid pistons, with corresponding 
unswept volumes per cylinder of 74.9 cm3 and 32.5 cm3 respectively.
Some representative results, at a mean pressure of 4000 lbf/in2 (280 bar) and a speed of 
1500 rev/min, are presented in Figs. 9.2-9.4.
The flow ripple waveform tends to be strongly dependent upon the effective bulk 
modulus of the fluid in the pump. From previous work by Darling [7], it has been found 
that, in order to obtain reasonable correlation between experiment and simulation for 
flow ripple and source impedance, a reduced value of bulk modulus should be used in the 
model. This takes into account possible air release in the oil and the effects of pump 
casing compliance (section 4.3.9.). A value for the effective bulk modulus of 
1 .0xl09 N/m2 was found by Darling to give good correlation between previous 
simulations and experimental results.
9.I.I.I. Effect of Port Plate Modification
A simulated flow ripple waveform for the pump with the symmetrical port plate with 
silencing grooves, and hollow pistons, is shown in Fig. 9.2(a). The form of this flow 
ripple is characteristic of axial piston pumps and clearly shows the backflow and 
kinematic ripple associated with such pumps. The equivalent flow ripple with the 
unidirectional port plate without silencing grooves is shown in Fig. 9.3(a). It can clearly 
be seen that there is an increase in the amplitude of the backflow, and a severe oscillation 
is apparent directly after the backflow. This oscillation is due to the fact that the 
cylinder opens to the discharge port very rapidly, causing a very high fluid velocity in 
the vicinity of the port plate slot. The inertia of the fluid in this region, together with the 
compressibility of the fluid within the cylinder, causes an effect similar to that of a 
mass-spring-damper system, the ‘mass’ being that of the volume of fluid in the port plate 
slot, the ‘spring’ being the compliance of the fluid within the cylinder, with a small 
amount of damping provided by viscous or turbulent losses. From a comparison of the 
harmonic spectra with both port plates as shown in Fig. 9.4. it can be seen that the pump 
without the silencing grooves produces a broader flow ripple spectrum with a larger 
proportion of high frequency harmonics. These high frequency components are the ones 
most likely to cause noise problems in practice. The simulations show, therefore, that 
correctly designed silencing grooves can produce a significant reduction in flow ripple, 
and hence fluid-borne noise.
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9.1.1.2. Effect of Port Plate Timing
If the opening of the delivery port is delayed beyond bottom dead centre, it is possible to 
build up the pressure of the fluid contained within the cylinder as it is compressed by the 
movement of the cylinder. If the port can be arranged to open when the pressure in the 
cylinder equals the delivery pressure, then no backflow will be produced. This is the 
reasoning behind the retarded openings of the slots of the port plate shown in Fig. 9.1(b). 
However, the degree of precompression provided by this port plate is insufficient and a 
greater retardation would be necessary for it to cause a significant reduction of the 
backflow. The optimum retardation would be strongly dependent upon the discharge 
pressure and swash setting; at other pressure or swash conditions the flow ripple 
amplitude might be increased by the retardation.
9.I.I.3. Effect of Solid Pistons
It is common for the pistons to be hollow at the cylinder end. Their substitution by solid 
pistons will have the effect of reducing the unswept fluid volume within the cylinder. 
Thus a smaller additional volume of fluid is required to compress the fluid in the 
cylinder, and so the backflow should be smaller. This effect is apparent by comparison of 
the simulated flow ripples in Figs. 9.2(a) and 9.3(a), for the port plate with silencing 
grooves, and Figs. 9.2(b) and 9.3(b) for the port plate without silencing grooves. Unlike 
the port plate modification, however, the overall shape of the flow ripple is relatively 
unchanged by this modification.
The disadvantage of this simple modification is that the mass of the piston is increased. 
This increased inertia may cause problems with the tracking of the slipper on the port 
plate, possibly with increased mechanical vibration or wear, particularly at high shaft 
speeds and swash settings.
The above simulations show that the inclusion of silencing grooves can lead to a 
significant improvement in the fluid-borne noise characteristics of an axial piston pump. 
Such a technique may also be applicable to certain other forms of pump and motor, such 
as vane pumps. Use of solid pistons or retarded port plate slots may be beneficial, but 
care would need to be taken in the design or they could have a detrimental effect under 
certain conditions.
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9.1.2. Reduction of External Gear Pump Flow Ripple
Several techniques for the reduction of the flow ripple from external gear pumps were 
described by Molton [4]. These include:
a) increasing the number of teeth. In theory, the peak-to-peak flow ripple is 
inversely proportional to the square of the number of teeth, assuming ideal relief 
grooves. Thus by increasing the number of teeth, a substantial reduction in the flow 
ripple could be obtained.
A similar approach would be to use two sets of out-of-phase gears. This would have 
the effect of doubling the number of gear teeth, and in theory would reduce the flow 
ripple by 75%.
b) the use of well designed relief grooves. Poor relief groove design can seriously 
worsen the fluid-borne noise characteristics. Similarly, badly designed peripheral 
chamfers on the end faces can adversely affect the flow ripple, in particular at 
higher frequencies.
c) a cam and plunger mechanism could be used to cancel out the pump flow ripple- 
[56]. By fitting this in parallel with the main pump, and by designing the cam 
profile to produce an inverted image of the pump flow ripple, both the inlet and 
outlet flow ripples could be eliminated. Some success has been obtained by this 
method. However, this would incur extra manufacturing cost, particularly since the 
cam profile needs to be quite precise in order to cancel out the higher harmonics.
d) reduction of the gear backlash. The aim of this would be for the gears to seal 
on both the leading and trailing edges. With suitably modified relief grooves, the 
effect would be equivalent to a doubling of the number of gear teeth, with a 
theoretical 75% reduction in flow ripple. In practice, however, very tight 
manufacturing tolerances would be required, with a consequent increase in cost.
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9.2. Source Impedance Modification
The source impedance of a pump can have a significant effect on the pressure ripple 
generated in a system. By increasing the discharge volume, the amplitude of the source 
impedance will be reduced, thus decreasing the blocked acoustic pressure. This may have 
a beneficial effect in reducing the pressure ripple. However, any benefits would be 
extremely system specific: altering the source impedance characteristics would affect the 
source reflection coefficient and hence the resonant characteristics of the system. 
Therefore, whereas in one particular system the pressure ripple may be reduced, the 
opposite effect may be produced in a different system.
In order to demonstrate the effect of source impedance modification, simulations were 
performed on a simple system consisting of a pump, a i m  length of pipe of 20 mm 
internal diameter, and a closed end. The effective length of the pump discharge 
passageway was assumed to be 0.2 m, and the effect of increasing the diameter of the 
discharge passageway from 14 mm to 28 mm was examined. Bode plots, showing the 
amplitude of the pressure ripple at the pump exit for unit source flow ripple, are shown 
in Fig. 9.5 for both cases. It can be seen that the effect of increasing the discharge 
diameter is to cause a reduction in the pressure ripple over most of the frequency range. 
However, the reduction is small, being within 2 dB below 300 Hz, and within 10 dB over 
most of the frequency band. The resonant characteristics of the circuit are altered 
slightly so that there is a large increase in the pressure ripple at about 500 Hz. Thus if a 
harmonic of the source flow ripple occurred near this frequency, it is likely that the 
source impedance modification would cause a worsening of the overall pressure ripple 
levels.
The above modification is probably unrealistically large, representing a 4:1 increase in the 
volume of the pump discharge passageway. However, the improvements in the circuit 
pressure ripple characteristics are small and strongly dependent on frequency. Thus it is 
concluded that source impedance modification is not an effective method for reducing the 
fluid borne noise characteristics of hydraulic systems.
This demonstrates how the blocked acoustic pressure may be misleading as a pump FBN 
rating. An increase in the discharge volume of the pump decreases the blocked acoustic 
pressure at a specific harmonic but does not necessarily result in a decrease in the 
amplitude of that harmonic of pressure ripple generated in a circuit, and may in certain 
circumstances cause an increase in the pressure ripple.
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9.3. Tim ing o f  th e  O verall H ydraulic System
It was shown in section 2.5. that, for the simple pump-pipe-restrictor system, the length 
of pipe could have a great effect upon the pressure ripple levels. This also applies to more 
complicated systems. Thus by judicious selection of pipe lengths, it may be possible to 
cause a significant reduction in the pressure ripple levels.
Fig. 9.6 shows a graph of the simulated peak-to-peak and r.m.s. pressure ripple at the 
pump exit in a typical hydrostatic transmission consisting of a piston pump, a length of 
flexible hose, a length of rigid pipe and a motor, for a range of different rigid pipe lengths. 
Only the pressure ripple from the pump is considered in this simulation; the motor is 
modelled as a passive termination. It can be seen that there is a very large variation in 
the simulated pressure ripple levels, from about 20 bar peak-to-peak to about 180 bar 
peak-to-peak. Very severe resonant peaks are apparent with extremely high pressure 
ripple levels. It would be very important to avoid these resonances. It should be noted 
that, with these extremely high pressure ripple levels, some of the assumptions made in 
the simulation may break down and non-linear effects could become significant in 
practice, so that the simulations could become less accurate under these conditions. In 
particular, the source flow ripple from the pump could be affected by the pressure ripple.
In order to select a suitable pipe length, the characteristics of the circuit components need 
to be known. This may be difficult in practice, particularly if hoses or complex valves are 
included. Furthermore, a complex circuit, including branches and changes in section, 
would be difficult to analyse. The simulation package ‘PRASP’ could be of great use in 
this analysis.
Problems would be encountered with a variable speed pump, in that the resonant lengths 
of the system are dependent upon the frequencies of the harmonics. Thus if the pump has 
a wide operating speed range, it may be difficult or impossible to avoid the resonant 
condition over the whole range.
The tuning of the pipe lengths in a system, then, can in many cases be of great benefit in 
reducing fluid-borne noise. The selection of suitable lengths can be very difficult; the 
‘PRASP' program could be a useful tool in this respect.
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9.4. Fluid-Borne Noise Attenuators
A wide range of proprietary fluid-borne noise attenuators (silencers, pulsation dampers) 
is available. These, when used correctly, can be extremely effective in reducing the fluid- 
borne noise in a circuit, reductions of 20-40 dB being typical [57,58]. However, they tend 
to be bulky, heavy and expensive, so normally they are only suitable for situations in 
which the fluid-borne noise level is very critical.
It is possible to construct fluid-borne noise attenuators from standard hydraulic 
components. While these may be less effective than purpose-built attenuators, they can 
form an inexpensive and practical solution. The effectiveness of a standard gas filled 
accumulator and a simple pipe loop known as a ‘Herschel-Quincke tube’ are analysed 
below.
9.4.1. Accumulators as Fluid-Borne Noise Attenuators
It is commonly assumed that hydraulic accumulators can be used to reduce the level of 
the pressure pulsations in a system. Considering the simple system consisting of a pump 
discharging into an entry impedance ZE , the pressure ripple at the pump exit is given by 
the equation:
Q c Z c ZE
P° = Zc +Zr = Qs Z’y‘ . . .  (9.1)
Z c Z p
where ='*** ZS +ZE . . . ( 9 .2 )
If an accumulator is added at the pump exit, this presents an additional impedance Za , in 
parallel with the original impedance, so that the pressure ripple at the pump exit 
becomes:
P o  =
Q s  Z s y s
l+z „ J Z a ...(9.3)
The ‘Insertion Loss’ is a measure of the pressure ripple reduction obtained by inclusion of 
the accumulator, and is given by the equation:
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. . . (9.4)
Thus a large insertion loss can be achieved by a low accumulator impedance Za .
In dynamic systems analysis an accumulator is commonly assumed to be equivalent to a 
capacitance. This is valid for low frequencies, below about 10 Hz. It can be seen from the 
results in section 6.1.3., however, that at higher frequencies the accumulator has an 
inductive characteristic. An anti-resonance occurs between 10 Hz and 100 Hz, around 
which the impedance is very low. Thus within this range the accumulator should be 
eifective as a pulsation damper.
To assess the performance of this accumulator as a fluid-borne noise attenuator, the 
characteristics of a simple system with an accumulator were simulated. The system 
simulated was that of a pump, a rigid pipe and a termination consisting of a closed end or 
a simple restrictor. Simulations were performed with and without an accumulator 
situated at the pump exit.
The modelled impedance of the accumulator is shown in Fig. 9.7(a). The value of its 
inductance was estimated from the experimental results. Simulation results, with the 
pipe terminated by a closed end, are shown in Fig. 9.7(b). It can be seen that, below 
about 700 Hz. the overall effect of the accumulator is to reduce the pressure ripple at the 
termination. However, the resonant characteristics of the system are altered, so that at 
certain frequencies the accumulator causes an increase in the pressure ripple. These 
resonances correspond to the condition where
Z
1 +  ±£ZL
°  . . .  (9.5)
i.e. Z,„ =  -Z„ . . . .  (9.6)
Between 1 kHz and 2 kHz, the accumulator appears to cause a general worsening of the 
pressure ripple.
Corresponding simulation results, with the pipe terminated by a simple resistor valve, 
are shown in Fig. 9.7(c). This termination is rather less reflective that the closed end, so 
that the system resonances are less severe. The accumulator is fairly effective below 700 
Hz, causing no significant worsening at any frequency in this range. However, Between 1 
kHz and 2 kHz it again causes a slight worsening of the pressure ripple.
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It can be concluded that this particular accumulator would be ineffective as a high 
frequency pressure ripple attenuator, although it might be effective at low frequencies, 
provided that care was taken to avoid excitation at the resonant frequencies. An 
accumulator with a lower inductive characteristic might be more effective as a pulsation 
damper.
9.4.2. The Herschel-Quincke Tube
The Herschel-Quincke tube [59] is a simple form of silencer which was developed in the 
early part of the 19th century. It consists of two pipes of different length connected 
together in parallel to form a loop, as shown in Fig. 9.8. In its standard form the two 
pipes have equal diameters, and the cross-sectional area of each is equal to half that of 
the connected pipes, so that the mean flow velocity is unchanged.
This forms a simple, lightweight and inexpensive pulsation damper which can be 
constructed from standard components. The behaviour of it is quite complex, and it 
provides narrow-band attenuation in two distinct ways:
a) high attenuation when o > ( / 2)/c = (2 n —l)7T, where n is an integer. This is 
equivalent to the behaviour of a closed-ended branch line of length Q i—l 2)/2. The 
effect can be explained simply by interference between the waves in each pipe as 
they recombine at the outlet of the loop. This could be utilised to cancel odd 
components of a harmonic series, but the even components would not be cancelled 
out.
b) high attenuation when 6>(Z 1+Z2)/c = 2n n , provided that o>(Z l 2Vc ^ 2 m w at 
that frequency, where m and n are independent integers. The reason for this effect 
is not obvious, and is due to the fact that the waves travel about the circuit in a 
very complex manner. This feature, which does not occur with a simple closed- 
ended branch line, could have most potential in practice.
9.4.2.I. Analysis of the Herschel-Quincke Tube
Because of its closed loop configuration, the Herschel-Quincke tube is very difficult to 
analyse using standard impedance techniques. However, it is ideally suited to analysis 
using the transfer matrix approach. In the following analysis, frictional effects are 
ignored.
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Consider the ‘admittance matrix’ for each branch (section 2.12.1.):
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By applying flow continuity to the inlet and outlet,
Q i n  =  Q l N l + QlN2
QoUT ~  QoU T\+Q oUT2 
Therefore,
Q i n P i n P i n
Qout
=  ( Y ! + Y 2)
P out = Y Q P out
where YG =
(cot/3 j+cot/S^ —(cosec/81+cosec/32) 









The ‘Transmission Loss’ is a commonly used measure of the performance of a pulsation 
damper. It is independent of the system to which the unit is connected, and is defined by 
the equation
TL = 20 log10
OUT . . . (9.15)
when discharging into a reflectionless line of impedance Z 0. equal to the characteristic 
impedance of the upstream pipe. F  is the pressure wave travelling in the forward 







g ™  =  ^
t ' O
. . . (9.16)
...(9 .1 7 )
. . . (9.18) 
. .  . (9.19)
Consider the general case, where the admittance matrix of the silencer is represented by
Y =
y 1,1 y 1,2
3^2,1 y 2,2
Thus QiN — y \ \Pjn +y i zPqut




By algebraic manipulation of the above equations.
„  _  Qout 3^ 2.2 „
IN ~  —  “  *OUT
3^2,1 y 2 , i
=  R OUT
Q i n  ~  P out
y 2,2
y 2,\Z0 y 2 , 1
y u  y i , i> 22




Therefore, the transmission loss is given by
TL = —20 log10 2y  2 ,1 ^ 0
1 +  ( y  i , i ~ y  2j ) z  0 — ( y  i i y  2 2 + y  1.2y  2 ,1 )2  0 (9.26)
For the Herschel-Quincke tube, the transmission loss can be shown to be
TL = -2 0  log10
4 sin (j31+/32)/2 cos (/3X—/32)/2
2 sin (/31+/32)+y [1—2 cos (/3j+/32)+ cos (/3j—02)] . (9.27)
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When cos (/3X—/32)/2-+0, the transmission loss is large. This corresponds to condition (a) 
described above. When sin (j81+j82)/2 ->0, the transmission loss may also be large, 
corresponding to condition (b).
9.4.2.2. Simulation Results
A number of simulations were performed on a typical Herschel-Quincke tube using the 
'PRASP' simulation program. The transmission loss characteristics are shown in Fig. 9.9, 
where the lengths of the two pipes are 0.90 m and 0.38 m respectively. Attenuation 
bands corresponding to condition (a) above are apparent at about 1.2 kHz and 3.7 kHz, 
and bands corresponding to condition (b) are apparent at 1 kHz, 2 kHz, 3 kHz and 4 kHz.
Although the transmission loss is a unique characteristic of the pulsation damper alone, 
its performance in practice will be dependent upon the characteristics of the system in 
which it is inserted. In order to assess its performance, simulations were performed 
under different load conditions, and the pressure ratio between the outlet and inlet of the 
Herschel-Quincke tube calculated. Fig. 9.10(a) shows the pressure ratio I -Pour / P jn  ' f°r 
the case of a non-reflective termination. It can be seen that the form of this curve is 
similar to that of the transmission loss, in that attenuation occurs at the same 
frequencies, although at some frequencies (about 1.5 kHz and 3.5 kHz) the pressure ratio 
exceeds unity. It can be seen, however, that the attenuation bands are very narrow, 
particularly those at 2 kHz and 3 kHz. Therefore, the device would need to be tuned 
very accurately for it to work efficiently in practice, and its performance would be 
affected strongly by pump speed variation or changes in the fluid properties.
Fig. 9.10(b) shows the pressure ratio with a partially reflective load consisting of a 
simple restrictor valve, for which ZT/ Z 0 ^  5 and pj- 251 0.67. It can be seen that the 
troughs at 2 kHz and 3 kHz have become extremely narrow. Fig. 9.10(c) shows the 
pressure ratio with a closed end. such that I Zr /Z 01 = oo. In this case it can be seen that 
the troughs around 1 kHz, 2 kHz and 3 kHz have disappeared altogether. However, the 
troughs at 1.2 kHz and 3.7 kHz are still well defined.
The above simulations show that the attenuation properties of the Herschel-Quincke tube 
where o>(Z1+Z2)/c -*2n n  are strongly dependent upon the system characteristics. The 
rejection bandwidth tends to be extremely narrow and varies with the load impedance, 
so that in practice it would be very difficult to make use of this attenuation property.
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Where <i)(7 j—Z2)/c-» (2 /i—l)7r, the Herschel-Quincke tube appears to provide good 
attenuation with a reasonably broad bandwidth, irrespective of the load condition. 
However, a simple closed ended branch line would also provide this characteristic, and 
would probably be a simpler and more compact solution.
The above simulations show that the transmission loss may be misleading in certain 
conditions, as it only pertains to the special case of a non-reflective termination. In a 
different circuit the actual attenuation characteristics may be significantly worse. 
However, with this reservation, the transmission loss forms a useful rating of the overall 
performance characteristics of a silencer.
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CHAPTER 10
CONCLUSIONS
The work reported in this thesis is mainly concerned with the development of a new 
technique for the measurement of the source flow ripple and source impedance of 
hydraulic pumps and motors. The method is based upon the analysis of the standing 
wave characteristics of the pressure ripple in a rigid pipe. By measuring the pressure 
ripple at several points in the pipe it is possible to calculate the reflection coefficient at the 
termination, and hence calculate the termination impedance. However, it is not possible 
to isolate the pump flow ripple and source impedance by this means, and further steps 
need to be taken. An earlier method developed at the University of Bath, commonly 
known as the 'Hydraulic Trombone’ technique, employed a circuit in which the pump 
discharged into a variable length of pipe. By measuring pressure ripple at several points 
in the pipe for several different pipe lengths, the source flow ripple and source impedance 
could be evaluated by means of a complex mathematical curve fitting procedure. This 
technique produced some good results, but was time-consuming in data acquisition and 
data reduction, and under certain conditions it proved difficult to obtain reliable results.
The new method is known as the ‘Secondary Source’ technique, and employs a second 
source of fluid^borne noise which is mounted in the same circuit as the pump under test, 
at the opposite end of the pipe into which the pump discharges. By analysis of the 
pressure standing wave produced by this secondary source in the pipe, the pump source 
impedance can be determined. Once this is known, the source flow ripple can then be 
evaluated by analysis of the pressure standing wave produced by the pump under test.
A wide range of tests were performed on several different pumps, and the test technique 
was found to be successful. Tests could be performed quickly; a typical experimental 
test took between 5 and 15 minutes, excluding time taken in setting up and ‘warming up’ 
the apparatus, and the computer-based data reduction took 5 minutes or less. Accurate 
and repeatable results were obtained, and the test was versatile and successful under 
most conditions. Two different types of secondary FBN source were employed, these 
being an axial piston pump and a simple rotary valve arranged to provide an intermittent 
bleed flow. The axial piston pump was found to be successful, as it produced a broad 
band of stable pressure ripple. The rotary valve was also effective, but the frequency 
range of the pressure ripple produced by it was limited to below 1 kHz with accurate
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measurement being very difficult above this frequency.
Source flow ripple results for axial piston pumps, obtained using the Secondary Source 
technique, conform well to the form expected from such pumps, displaying the 
characteristic reverse flow spike followed by a damped oscillation. From tests on external 
gear pumps, the source flow ripple is shown to be strongly dependent upon the geometry 
of the relief grooves.
The test method can also be adapted to the measurement of the impedance characteristics 
of components such as valves and accumulators. Tests on an accumulator yielded 
accurate results which show good correlation with the theoretical model. Results for a 
simple restrictor valve, a pressure compensated flow control valve and a single stage 
relief valve show that the modelling of such valves as simple resistances, based on their 
steady state characteristics, is over-simplistic. Fluid compressibility and inertia, valve 
vibration and the characteristics of the circuit downstream of the valve are all found to 
have an influence, but if the effect of these is measured and allowed for. the net valve 
impedance does indeed show good correlation with the simple resistive model. Tests were 
performed on some two-stage relief valves, and their impedance characteristics are 
shown to be very complex. Mathematical models are developed for these valves, and 
some qualitatively similar features are apparent in the experimental and modelled 
results.
A method was also developed for the accurate assessment of the speed of sound in the 
fluid, from which the effective bulk modulus could be evaluated. The method is based 
upon the analysis of the transfer function relationships between three pressure ripple 
measurements in a rigid pipe, and was applied as an integral part of the ‘secondary 
source’ technique. Good results are obtained using this technique, and it is found that 
there is good agreement between the experimentally predicted bulk modulus and the 
values derived from the fluid manufacturer’s empirical fluid properties data.
A computer-based simulation package for predicting the fluid-borne noise characteristics 
of hydraulic circuits was developed. This package is able to simulate circuits of a high 
degree of complexity; the accuracy of such simulations is strongly dependent on the 
validity of the modelled characteristics of the individual circuit components. The 
validity of the simulation package is investigated by comparison with experimental 
pressure ripple measurements in a range of simple circuits, and good correlation is 
achieved. An empirical model for the flow ripple from an axial piston pump was 
developed for use with this package.
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Finally, the effectiveness of several different techniques for the reduction of fluid-borne 
noise is discussed, with reference to simulations and to experimental results obtained 
using the ‘secondary source* method. It is shown that a standard accumulator would be 
unsuitable as a high frequency pulsation damper, and that a simple asymmetric pipe 
loop, known as a ‘Herschel-Quincke tube’, might be effective but could be difficult to 
apply in practice.
10.1. Recommendations for  Further W ork
The work reported in this thesis highlights a number of different areas in which further 
research could be fruitful.
The ‘Secondary Source’ method could be further refined, with the aim of its proposal as a 
standard technique, perhaps as an addition to the High Impedance Pipe’ method, which 
has already been adopted as a British Standard [25]. In order to assess the flexibility of 
the technique it could be applied to a range of problems, such as pump suction line flow 
ripple or motor flow ripple. Different classes of pump or motor, perhaps using different 
types of fluid, could also be tested.
Further work could be aimed at extending the bandwidth of the pulse generator. It is 
thought that the main factor limiting its bandwidth is the inductive effect due to the 
inertia of the fluid within the slots. If this inductance could be reduced then the 
frequency range could be increased. A bandwidth of 2-3 kHz would be desirable for use 
with the Secondary Source method.
The mathematical modelling of two stage relief valves, and other complex valves, could 
be extended further. To do this, it would probably be desirable to have the facilities to 
measure the pressure ripple in the internal chambers of the valve and the movement of 
the poppets. This analysis could be linked with simulation performed on the HASP 
simulation package [52].
The ‘PRASP’ simulation program could be extended and improved by development of a 
wider range of more accurate models, and the evaluation of the characteristics of a wide 
range of flexible hoses.
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Further work could be undertaken on the measurement of the speed of sound. It has 
been shown that, for mineral oil at high pressure, the speed of sound can be predicted 
accurately from fluid properties data. However, this may not be the case at lower 
pressures, where air release may cause a significant reduction in the effective bulk 
modulus. Also, detailed information may not be available for the properties of synthetic 
fluids or hybrid fluids such as oil/water emulsions.
There is scope for the reduction of the flow ripple characteristics of positive displacement 
pumps. One possibility might be the development of variable port-plate timing for axial 
piston pumps. If the opening of the discharge port can be delayed, the fluid in the 
cylinder can be pre-compressed before it is exposed to the high pressure port. The correct 
degree of precompression could virtually eliminate the flow ripple backflow, but the 
delay angle required would be strongly dependent on the load pressure and the swash 
angle. The possibility exists of providing a variable delay, perhaps using hydraulic or 
electro-hydraulic control based on measurement of the transient pressure in the 
cylinders. This might present some complex mechanical and control difficulties which 
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REYROLLE HYDRAULICS model A200 
Variable capacity axial piston swash plate pump 
Displacement 0 - 32.8 cm3/rev  
7 cylinders
LUCAS model HD 900 
Axial piston swash plate pump 
Displacement 68 cm3/rev  
7 cylinders
SUNDSTRAND HYDRATEC 
External gear pumps (7 units)
Displacement 14.8 cm3/rev  (16.1 cm3/rev)
9 teeth (12 teeth)
D2' COMMERCIAL HYDRAULICS model P50 
External gear pumps 
Displacement 82 cm3/rev
10 teeth
Unit 'Dl* - bidirectional th rust plates 
Unit 'D2’ - unidirectional th rust plates
SPERRY VICKERS model 25V 
Balanced vane pump 
Displacement 81 cm3/rev  
10 vanes
Pump ‘A’ was driven by a constant speed electric motor at 1500 rev/m in. Pumps ‘B \ ‘C \ 
‘D’ and ‘E’ were driven by a variable speed hydrostatic transmission (0-3000 rev/m in).
Accumulator ‘A l’ GREER MERCIER type BA1633 
bladder type nitrogen filled accumulator 
capacity 1.14 1 
max. pressure 350 bar
Valve ‘V I’ ASHFORD type 115 A C/S 
needle valve 
size 3/4" bsp
Valve ‘V2’ ABEX DENISON type 2F1C03-01-A-5-C 
pressure compensated flow control valve 
flow range 0-111 1/min 
max. pressure 350 bar
Valve ‘V3' STERLING HYDRAULICS type A1B 125 
single stage cartridge relief valve 
flow range 0-200 1/min 
cracking pressure 0.5-50 bar 
max. pressure 350 bar
Valve *V4’ STERLING HYDRAULICS type A3A 125 
pilot operated poppet type cartridge relief valve 
flow range 0-200 1/min 
cracking pressure 2-350 bar
Valve ‘V5’ REXROTH type DB 20-3-30
pilot operated poppet type relief valve
flow range 0-600 1/min
A 1.1. Details of Instrumentation
Pressure Transducers
VIBROMETER type 6QP500 piezoelectric pressure transducers 
max. working pressure 470 bar
max. working temperature 240° C
linearity < ±1%







gain approx. 10 mV/pC
frequency response (3 dB) 1.6 Hz - 340 kHz
Note: each pressure transducer/charge amplifier combination 
was calibrated individually.
Frequency Response Analyser
SOLARTRON model 1250 
including Synchroniser unit 12501
frequency range 1 mHz - 65 kHz
2 input channels
output resolution 0.01 dB. 0.01°
output accuracy ±0.03 dB. ±0.3°
(note: the accuracy is strongly affected by the stability of 
the signal and the shaft speed. It was found that accurate 
results could be obtained below 600 Hz, but considerable 
scatter was obtained above this frequency.)
Digital Spectrum Analyser (DSA)
HEWLETT PACKARD model 3582A
frequency range 0.02 Hz - 25 kHz
2 input channels
amplitude (linear or log.) and phase output 
output resolution 0.1 dB, 1°
output accuracy: 
single channel measurements ±0.5 dB, ±10°
transfer function measurements ±0.8 dB. ±5°
(note: the accuracy can be increased by signal averaging)
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APPENDIX 2
DESCRIPTION OF PULSE GENERATOR
Fig. a2.1 shows a sectional view of the assembled Pulse Generator (PG). Basically, it 
consists of a stepped shaft which is free to rotate in a housing. The shaft is driven by an 
electric motor. The housing block has two main ports, the high pressure (inlet) port on 
the side, and the low pressure (return) port on the end, concentric w ith the shaft. The 
tw o smaller ports are normally linked together, and serve to provide a drain path from 
one end of the shaft to the other. The shaft is hollow over part of its length, and has a 
small narrow slot, as shown, cut between the inside and outside. The high pressure port 
is connected to the shaft housing by a similar slot, so that once every revolution of the 
shaft the two slots meet up. In this way, a drain path is created, so that with the shaft 
rotating at a constant speed, a periodical flow pulse of short duration occurs once Tor each 
revolution.
Four grooves are cut around the circumference of the shaft. The two inner grooves are 
connected to the high pressure port via two small holes in the housing block. The purpose 
of these grooves is to equalise the pressure around the shaft circumference, in order to 
reduce any lateral force on the shaft, and help to prevent hydraulic lock. A pressure 
gradient will occur around the slot in the shaft; except when the slots in the shaft and 
housing meet, the pressure at the shaft slot will be high so there w ill be a leakage flow 
and a pressure variation around this area. This pressure variation is limited to a small 
area, however, by the circumferential grooves, so the resultant lateral force will be small 
(approximately 2 kN at an inlet pressure of 200 bar). A leakage flow occurs from  the 
two inner circumferential grooves to the ends of the large diameter section of shaft, and 
this flow ensures that there is a continuous film of oil around the shaft in order to 
provide hydrodynamic lubrication. A shaft/housing clearance of 25 fim  (10-3 in) was 
used.
The longitudinal position of the shaft in the housing is maintained by the step change in 
diameter. This behaves as a hydrostatic th rust bearing. The outlet pressure acts on a 
differential area between the end face and the annular area of the shaft step, resulting in 
a net force. This force is small but sufficient to maintain the shaft in situ .
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The smaller diameter shaft section fits in a clearance hole in the housing. This region is 
maintained at outlet line pressure, and a lip seal is fitted to prevent escape of fluid. The 
seal is held in place by a retaining disc.
The shaft protrudes from the housing block and is coupled to a small electric motor, 
w ith a constant speed of 1500 rev/min. The motor used was rated at 2 hp (1.5 kW), 
though a significantly lower rating could be used, the power requirement of the PG being 
estimated at a maximum of roughly 300 W. A magnetic pick-off was fitted to the shaft 
assembly, providing one pulse per revolution to correspond to the single flow pulse 
produced by the PG.
The housing was manufactured from steel, and the shaft from brass, in order to help 
prevent seizure of the components should a metal-to-metal bearing contact arise.
W ith the PG driven at 1500 rev/min. the flow ripple has a fundamental frequency of 25 
Hz. Because of the very small mark-space ratio of the flow ripple pulse train, a large 
number of strong harmonics should be produced. The main factor limiting the number of 
significant harmonics in practice is likely to be the fluid inertia in the slots.
It was found in practice that the PG produced significant harmonics up to a frequency of 
approximately 1500 Hz (60 harmonics). The shaft speed was found to be extremely 
stable/ so accurate harmonic analysis was possible over the whole of this range. The 
oversized electric motor w ith its high inertia was probably beneficial in this respect.
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APPENDIX 3
ALGORITHM USED FOR THE ANALYSIS OF THE 
PRESSURE STANDING WAVE
As described in section 4.3.1., it is necessary to fit a mathematical function to 
experimental pressure ripple data in order to estimate the form of the pressure standing 
wave, for any particular harmonic frequency. It is known (section 2.2.) that the standing 
wave can be described by the general equation
Pt ( x )  = Fe~y* +Ge>* . . . .  (a3.1)
The complex variables F  and G need to be determined such that the sum of the squares 
of the absolute error between the experimental values Pe (x  ) and the modelled values 
Pt (x ) for all the data points is at a minimum.
i.e. for m data points, it is required to minimise E , where
e = z  lf t (xky-pe{xk)




Pt (xk )—Pe (xk ) Pt (xk ) -P e (xk ) . . (a3.3)
where Pt and Pe denote the complex conjugates of Pt and Pe respectively.
It is necessary to find the values of F  and G at which E  is at a minimum. At this point 
the differentials of E  w ith respect to the real and imaginary parts of F  and G will be 
zero.
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putting F  = c i+ jc 2 . (a3.4)
G = c 3+ j c 4
then Pt (x )=c xe ~yx + j c  2e yx +c 3e yx + j c  4e yx
. (a3.5) 
. (a3.6)
8Fand - — = 0 for i = 1 to 4 dcf . (a3.7)
where
_6£ =  ™ 
* 1  it = i
P, (x* ) -P e (xA )
0P, (x* ) f '^ - + |  P M k)-P'tXk) HP, (xt )dci
= 2 £ R e
it =i
Ft )“ ^e )
ap, u * )
ac,
= 0  for i = 1 to 4 . (a3.8)
or Z  Re
k =1




d p t Cx )now — -------= e y
3Cl (a3.10)
&Pt (x ) 
8c-,
= je ~ yx (a3.11)
dPt (x ) 
3c,
= (a3.12)
apr (x ) 
8c A
= . (a3.13)







dP, (x  ^) 4 
* i  j =1
dPt (xk )
3C;
= Z R e
k =1
Pe (X^  )




The above equation can be expressed in matrix form as
5 1.1 5  1,2 5  1,3 5  1,4 C l
'
* 1
5  2,1 5 2 2 s 2,3 J 2,4 c 2 * 2
5  3,1 s 3 2 s 3,3 S 3,4 c 3 t 3
S 4,1 S 4,2 5  4,3 s 4,4 c 4  ^4
where st j = £  Re
k =1
t t = £  Re
k =1
or S C = T
bPt {xk ) dPt {xk )
dci dcj
d l \ ( x k )
Pe (xk ) 8c,-
. . . (a3.16)
. . . (a 3 .1 7 )
. . . (a3.18) 
. . . (a3.19)
This matrix equation can be solved in order to evaluate C using a standard Gaussian 
elimination routine. F  and G can then be found using equations (a3.4) and (a3.5). This 
technique is similar to that used by Wing [26]. In this case, however, the model equation 
(a3.6) is linear w ith respect to coefficients c ^ .  so that equation (a3.14) can be applied. 
Where the equation is non-linear, it may be difficult or impossible to solve equation 
(a3.7) analytically, in which case an iterative solution must be sought.
A3.1. Calculation of the Source Flow Ripple
As stated in section 4.3., the flow ripple is calculated independently of the source 
impedance and the termination impedance. Zs and ZT are determined using pressure 
transfer function measurements, whereas Qs requires single channel pressure 
measurements. From section 4.3.,
.  _  F (Z,s +Z pX l—Ps Pt c ~2yl)
Qs ZSZ 0 ■ ■ ■ (a3.20)
Provided that Zs and ZT are known from a previous analysis on transfer function data, 
then it is only necessary that F  be determined from the experimental pressure readings 
for Qs to be found.
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now pT = — e 2yl
thus Pt (x ) = F  (e ~yx +pT e “x )).
In this case, there is only one complex variable to be determined.
Putting F  = c 1+ jc 2
then Pt ( x )  = c x(e ~yx +pT e ~y(^21 ~x ^)+j c  2(e ~yx +pT e ~y<<21 ~x )^.
Using a similar technique to that above, we obtain the matrix expression
■
5 1.1 s 1,2 c 1 11
s 2,1 5 2,2 c 2 12
It can be shown that, for m  data points. 
5 U  and s 2Z-  Z +Pre~y(2l~x))\
k = 1
s j 2 and 5 2,1 -  0
1 1 = £  Re
k =1
12 — Z  Re 
* =1
)(e~>x +p7-e-><2/-*>)
i ’e )7 yX +PT e ~y{'21 X Z Im
k =1
Pe (xk )(e yx+pTe~y(21 x)]
m  | 12  m
therefore, Cj £  \(e~yx + pr e~y(2l~x ty | = £  Re
A =i* =i
Pe (xk )(e ~yx +pT e y('21 x
m i 12 m
c 2 Z +P7-e“>(2/_x)) | = Z  Im
it =iit =i
Pe (xk )(e yx +pT e y(2/ x 0
. . .  (a3.21)
. . . (a3.22)
. . .  (a3.23) 
. . .  (a3.24)
. . . (a3.25)
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thus F = Ci+jc 2 = — . . . (a3.26)
where t = £  
i = 1
Pe (x* )(e +pr <? ~>(2/ ”* >)
. . . U3.27)
and 5  = 21 }^e +Pt e >(2/ * | •
k =1 . . . (a3.28)
Therefore it is not necessary to use matrix methods in this case.
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APPENDIX 4
ALGORITHM USED FOR THE MATHEMATICAL MODELLING 
OF THE SOURCE IMPEDANCE OF A PUMP
It was stated in section 4.3. that the ‘Secondary Source’ method requires the 
mathematical modelling of the source impedance. The ‘goodness of fit’ between this 
model and the experimental values of source impedance is crucial to the accuracy of the 
source flow ripple results subsequently obtained.
The form of the model used is described in section 4.3.9.1. The modelled source 
impedance can be represented by the equation
_  c ^ l + c 3/(;'w c2))
St j tan(c2o>—yc3) . . . (a4.1)
P°o
where c , =  —  . . . ( , 4 .2 )
—
2 _ c 0 . . .  (a4.3)
Ci = a . . . (a4.4)
The model coefficients c lf c 2 and c 3 are determined such that the sum of the squares of 
the magnitude of the error between the experimental values and the modelled values is 
minimised.
The form of the source impedance is such that its amplitude can vary over a very wide 
range with frequency. This means that the error in the data points at those frequencies at 
which the source impedance is small will be almost completely masked by the error 
where Zs is large. In order to avoid this problem, it is proposed that the least squares 
model should be applied to the source reflection coefficient as opposed to the source 
impedance. This is because the range of ps is much smaller, and I ps I w ill be 
approximately equal to 1 at all frequencies.
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Thus it is required to minimise E , where, for m data points.
E— X  IPst Pse I 
i= 1 . . (a4.5)
where pSt = Zst o
Zst +Z0
CiCl+Cs/C j(i>c2)y) — j  Z 0 tan(c 2o>—j c 3) 
Cj( 1 + 0 3 / ( 7 6 )0 2 )) + 7  Z 0 tan(c2 6>—7 0 3 ) . . . (a4.6)
32sWhere the error E  is at a minimum, then - — =0 for i = 1  to 3. The expressions wheredCj
32s 3E dE—— , ——  and ——  are equated to zero are termed the normal equations, and must beoc 1 3 c 2 3c 3
solved simultaneously in order to evaluate the optimum values of c 1 ( c 2 and c 3.
let pSt = -
V
where u = c 1( l+ c 3/ ( 7'ft>c2)) — j  Z 0  tan (c 2o>—7*0 3 )




Thus the normal equations are represented by
dE dPst
3c, -  2Re;£  (ps, -Ps, -  0 (a4,10)
where dPst 3ct-
3u 3vv - ----- u - —
Sc; 3cj
(a4.11)
j  3w _  , c 3and ——  = 1 + —------dci 2 ^ c 2 (a4.12)
3v 3u





— j(i)Z0 sec2(c 26>—7c 3)
(a4.14)
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^  1 3 + j  OjZ q sec2(c2<t>“ yc3)6c2 ; a .c 22 '--1-  —  . . .  (a4.15)
^ 7  = _  7 7 7 7  “  Z° s“ 2(c!“ - i b ! )  . . .  (a4.16)
¥ 7  = _  7 7 7 7  + z o ^ 2(C2U- y c 3) (a417)
Equation (a4.6) is non-linear w ith respect to the coefficients c x, c 2 and c 3 and so the 
normal equations cannot be solved directly. An iterative method must therefore be 
employed. The method used is based on the Newton-Raphson method and is described in 
detail by Wing [26].
Initial estimates of Cj, c 2 and c 3 are required in order to start the iteration. Corrections 
are then applied to these coefficients until the iteration converges to the solution. The 
values of these corrections are obtained by solution of the matrix equation
T + S 3 C = 0  . . .  (a4.18)
where T and 9C are column matrices w ith 3 elements, and S is a square matrix with 
( 3 x 3 )  elements.
The ith term of T  is given by
( £  ( ---------- . dPst
‘ ~  ic, ~  fci • • • (*4.19)
and the i j th term of S is given by
= _ ^ £ _ ==, r £  sPs, *Psi 
S‘J 6c, 3cj ^k=i fc j . .  . (a4.20)
The partial derivatives are evaluated at the estimation point. Iteration proceeds in this 
way until all the corrections have decreased to within a specified tolerance.
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A4.1. Stability of  Iteration
The curve fitting algorithm was applied to several sets of experimental source impedance 
results and was found to be convergent in most cases. Problems could be encountered 
under certain conditions, however, in which the iteration diverged or converged to a false 
result. Best results were obtained when the following criteria were satisfied:
a) The initial estimates of the coefficients were reasonably close to the solution.
b) The anti-resonant frequency was reasonably well-defined by the experimental 
points. Problems were encountered when the anti-resonant frequency was higher 
than the highest frequency of the experimental points, in which case the effective 
length was ill-defined. Under such conditions it was necessary to use an alternative, 
simpler model based solely on a lumped volume.
In order to improve the stability of the iteration, a relaxation technique described by 
Wing [26] was employed. This entailed evaluating the sum of squares error at each 
successive stage of the iteration, and comparing it with the error at the previous stage. If 
the error had decreased no action was taken and the iteration was continued. If the error 
had increased, however, this indicated that the iteration was-diverging. The new values 
of the coefficients were then re-calculated from the previous values, but with the 
corrections halved, and the sum of squares error evaluated again. This was again 
compared with the error at the previous iteration. If the new error was less than the 
previous error, then the iteration process was continued, otherwise the corrections were 
repeatedly halved until either the error had decreased or a specified maximum number of 
halving operations had been performed, after which the iteration process was continued, 
This method was found to significantly increase the range of starting values for which 
the iteration was convergent, thus increasing the stability of iteration.
The relationship between the model coefficients and the sum of squares error can be 
visualised by considering Fig. a4.1. This shows a contour plot of the sum of squares error 
as a function of the pump discharge passageway diameter dp (x-axis) and length lp (y- 
axis). The model used in this case is simplified in that friction is ignored, such that c 3 is 
assumed to be zero. The model is applied to experimental results for 16 harmonics for 
pump ‘E*. The point of minimum error can clearly be seen, where dp — 36 mm and lp — 
0.2 m. The error increases steadily in all directions, and there are no localised minima to 
which the iteration could converge to provide false results. Therefore, provided that the 
initial estimate of Cj and c 2 lay within the bounds of this graph, then the iteration 
should converge to the correct solution. As the graph covers quite a large range of
- 1 6 8 -
discharge lengths and diameters, it should generally be possible to obtain estimates 
w ithin this region.
In the above example, the anti-resonant frequency is sufficiently well defined by the 
experimental points. Consider the case where the model is applied to just the first 6 
harmonics of the same results on pump 'E*. These harmonics all lie below the anti­
resonant frequency. The contour plot of the error is shown in Fig. a4.2. As can be seen, 
the point of minimum error is very poorly defined; instead there is a line of minimum 
error which follows a line of constant volume. Therefore, the model is able to estimate 
the discharge volume precisely, but the discharge length and diameter are poorly defined. 
In this case, a lumped parameter model representing the source impedance as a simple 
capacitance might be more acceptable.
Inclusion of the resistive coefficient c 3 was found not to have a significant effect on the 
stability of iteration. It is, in general, a minor term and is the least significant of the 
three coefficients. Therefore, the above analysis, where only two coefficients are 
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